2 . Introduction
International Technical Committee

Chairman:
Pacejka H.B., The Netherlands

Members:

Abe M., Kanagawa Inst. of Techn., Japan

Allen R. W,, Systems Techn. Inc., U.S.A,

Ammon D., DaimlerChrysler, Germany

Duvernier M., Michelin, France

Eichberger A., Intec, Germany

Ferrarotti G., MSC, Ttaly

Fujioka T., Univ. of Tekyo, Japan

Gim G., Hankook, S-Korea

Gipser M., FH Esslingen, Germany

Guan D., Tsinghua University, P.R. China

Guo K., Jilin University, PR. China

Jansen, S. T. H., TNO, The Netherlands

Koettgen V., LMS, Germany

Lutz A., Robert Bosch AG, Germany

Mancosu F, Pirelli, taly

Morgat F.-X., Peugeot Citroen, France

Mundl R., Continental AG, Germany =
Qertel Ch., FH Brandenburg, Germany
Preschany G., Porsche, Germany

Riept A., MAGNA STEYR Fahrzengtechnik, Austria
Sharp R.S., Imperial College London, U.K.
Trotilis M., Ford, Germany

Van Oosten I., MSC, The Nethetlands
Wille H.-Ch., VW, Germany

Special thanks to the sponsors of TMVDAO4 (in alphabetical order):

BA-CA, BOSCH, Continental AG, DaimlerChryser, Delft-Tyre (TNO),
Ford Motor Company, Hankook Tires, Intec GmbH, LMS Int., Magna Steyr,. Michelin,
MSC.Software, Porsche, PSA. Peugeot Citroer, Vienna Convention Bureau

Vehicle System Dynamics Taylor &Francis

Taylor & Francit Group

Vol. 43, Supplement, 2003, 3-17

711¥

Spin: camber and turning

HANS B. PACEJKA*

Delft University of Technology, TNO Automotive, Steenoven 1, PO Box 756, 5700 AT Helmond,
The Netherlands

The paper clarifies some important issues connected with wheel slip due to spin. The spin velocity
is defined as the component of the rotational velocity of a rolling bedy normal to the contacting
surface. For a tyre we distinguish two possible components of spin: camber and tuming. Different
from a homogeneous rolling body, the tyre with its peculiar structire may give quantitatively different
responses to each of these components. When comparing the steady-state responses with side-slip and
with pure mn slip (path curvature) of some analytical tyre models, it turns out that the aligning torque
stiffness is equal to the turn-stip side-force stiffness. This reciprocity may be explained by energy
considerations. A tyre model featuring spin-induced side-slip Joses this reciprocity. This seems to be
verified by tyre sidé-slip and turn-slip tests. Experimental methods and results are discussed Some
peculiar features and the importance of spin in vehicle dynamics are discussed and demonsirated in
several applications of the short-wavelengih intermediate-frequency tyre (SWIFT} model.
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1. Imfroduction

Besides the well-known and commonly used slip quantities called the lateral slip (slip angle)
and longitudinal slip {slip ratio) we have a third slip input quantity: the spiz. The total spin is
made up of two possible components: turn slip and camber. The difference in the responses
to turn slip and camber that occurs in particular with belted car tyres is discussed. The reci-
procity property that appears to occur in linear anaiytical physical moedels of the tyre when
comparing the side-slip and turn-slip forces and moment coefficients is addressed and the
fact that this is not supported by experimental observations is explained. The importance of
having available a simulation model of the tyre that features both ture slip and camber as
input quaatities is illustrated through shimmy and parking applications. Camber is, of course,
important for motorcycle cornering manoceuvres. Cars and trucks may suffer from the wander-
ing phenomenon when moving over rutted roads. Here, the lack of sufficient camnber stiffness
plays an important role. When traversing three-dimensional obstacles such as oblique cleats
the tyre is subjected to effective height and camber variations of the road. The non-lagging
response part and the assessment of the effective road input and the computed and measured
dynamic tyre responses are briefly discussed.
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2. Camber and furning

Figure 1 illustrates the condition of combined camber and turning while the slip angle remains
zero. The camber angle is denoted with y, the yaw angle with v+ and the path radius with R.
The spin slip ¢ is defined as the ratio of the notmal component of the rotational velocity @
and the forward speed V. We have, for the free rolling wheel (no braking or driving),

1 1, . 1 1, '
90——7%———?(1”—Qsmy)~—§+zsml’- )

The spin may be seen as the difference of two curvatures: one of the path of the contact centre
and the other of the vertical projection of the peripheral line of the undeformed tilted ryre
{here, a circle with radius equal to the effective rolling radius). Because of the flattening of
the tyre while being loaded, the belt is distorted and the curvature of the peripheral line may
be reduced considerably when loaded on a smooth surface that is assurned to be frictionless.
This is in particular the case when the tyre possesses a belt that is approximately cylindrical
in shape. The outer surface of the tilted beit is not paraliel to the road surface before being
loaded. The resulting distortion after loading on the frictionless surface (figure 2) causes a
reduction in the curvature due to the large lateral bending stiffness of the belt. When friction
is restored and the cambered wheel is rolled forwards along a straight line, the tread elements
which are attached to the belt and adhere to the ground are now laterally deflected, thereby
. making the contact line straight as well. For a motorcycle tyre with a curved belt and for a steel
railway wheel the surfaces are already parallel before loading? The'distortion will therefore
be minimal and the curvature of the peripheral line when loaded on the it = 0 surface will be
considerably larger than that of the <cat tyre. This may explain the observed relatively small
camber stiffness of the car and truck tyrs. At the same time, it explains the large difference
between the camber and turn slip stiffness of these tyres (if the former is converted to spin
stiffness).
For this reason, a camber reduction factor £, has been introduced. The total spin may now
be defined as '

1.
¢ =—3¥ -1 ~&)siny]. @
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Figure 1. - Path curvature (pure turn slip) and camber.

&

Spin: camber and turning 5
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Figure 2. Contact line witkout and with friction.

Experiments show that the reduction factor can reach values of 50% or more. Later, in section 4,
where experimental results are discussed in connection with model analysis, the acteal values

obtained for a car tyre will be given (see equation {14)).

3. Experiments

Usnally, steady-state camber and turn slip measurements are carried out on road or fiat track
surfaces and on turatable or swing-arm facilities respectively (figure 3). A notable early

steady-stafe
camber o

turn table

Figure 3. Measurement of steady-state camber and murn-slip response with a test trailer.
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Figure 4. Test results from trailer circular tests for a truck tyre at 20000 N load [1].

measurement was made by Freudenstein [1]. He used a test trailer that was dragged around in
circles. An example of his test results is presented in figure 4. For turn-slip measurements, the
available maximum path radius often proves to be too small to assess turn slip stiffness values.
These quantities represent the slope of the force or moment characteristics in the origin of the
diagrams plotted versus path curvature —1/R = ¢ (with & = 0). An altemative method is
the derivation of the response to a step change in path curvature from a step change in yaw
angle (while the slip angle remains zero} by integration. Figures 5 and 6 clarify the procedure
for the test being conducted on a flat plank installation. As illustrated in the lower right dia-
gram of figure 5, the unloaded tyre is first set at 2 (small) yaw angle, then the tyre is loaded
against the still not moving plank and the wheel is turned back so that the wheel centre plane
is in line with the plank direction of motion; finally the plank is brought in motion at a low
velocity. As depicted in figure 6, at the start, the aligning torquie shoy a large value because
of the antisymmetric distortion of the tyre; the side force is zero. While the wheel rolls, the
moment decreases, changes sign and ultimately reduces to zero. The side force starts to build
up, reaches a maximum and decays to zero.

surface canting measuring hub cleat road surface
macharism : (sledge)

wheel carier aie spring system

step camber impulse turm slip

(smail}-

plank

Ic:ading+ )

Figuze 5. Measurement of step and impulse respanses 1o camber and turning on a fiat plank.
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Figure 6. Deriving the step tum-slip response from the impulse tum-slip response.

Integration of these responses leads to the responses to a step change in path curvature as
shown on the right-hand side of the figure. Here, the force starts slowly in its development.
towards the steady-state level. The moment starts at a finite slope, reaches a maximum and,
approaches its ultimate level. The estimated levels of the horizontal asymptotes provide the
steady-state turn slip responses. The integral that is used in the conversion is

Fypatep = _% f Fyp,puse 5. ) . _(3)

Step responses to the slip angle and camber angle of the slip quantities are obtained on the
fat plank machine in a straightforward manner. For the response to the slip angle, the tyre is
put at a yaw angle before it is loaded against the surface, after which the plank is moved. A
step change in camber angle test requires a special provision that enables the wheel plane to
rotate with respect to the read about the line of intersection of the wheel plane and the road
surface. In figure 5, the lower left-hand diagram depicts the principle of the configuration
where the road is rotated about that line. The rotation starts when the tyre is already loaded.
The position of the wheel axle is held fixed, which causes the load to increase a little, After
the desired camber angle is reached, the plank is moved. For more accurate test results, one
should first perform a measurement at zero angle with, at the start, the wheel angalar position
of revolution being the same as in the actual test. The zero-angle test results are then subtracted

from the actual test results, which will eliminate variations due to tyre non-uniformities from-

the final result. These test combinations may then be repeated and averaged for.a number of
different initial angles of revolution of the wheel.

In figure 7 the step response curves assessed throngh measurements have been depicted.
The levels of step inputs have been kept small to remain approximately in the linear range.
The initial yaw angle for the impulse turn slip experiment was —0.5° = —1/115 rad which
after integration leads, according to equation (3), to a response to a step change in radius
of curvature equal to —115m or @ = 1/115m™. The estimated steady-state values can be
obtained from the asymptotes of (fitted} curves; then the various slip stiffnesses can be found
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Fignre 7. Measured step responses of the side force and the a.ligning?torqﬁi: to theh';lip angle, turn slip (path
curvature) and wheel camber at a wheel load of 4000 N. (From [11).

from these estimated steady-state values. The curves in figure 7 show some peculiar features.
First of all we have the first-order exponential behaviour of the side-force Tesponse to the slip
angle, which is well approximated by a-first-order differential equation with the relaxation
length as the parameter. The moment response deviates a Iittle from this behaviour near the
start of the response curve. For a highly loaded aircraft tyre this slow start appears to be much
more pronounced. It is striking that the force response to turn slip shows an almost identical
behaviour, The moment 1esponse to turn slip shows a steep initial slope and a prorounced
peak. It is seen that the responses to camber change are very similar to those to twn slip,
A remarkable exception is the initial side force that arises 2s a result of the camber change
before the tyre has started to roll. Obvicusly, it is the asymmetrical deformation of the carcass
that produces this side force. Later, we shall discuss this so-called non-lagging part in greater
detail. The steady-state values will be used later to interpret analytical results.

4, Mathematical models

A large number of different types of tyre model are available to calculate force and rmoment
responses to Wheel input motions, These models range from simple one-dimensional brush
models to advanced and complex discrete models based on the physical structure of the
tyre. Relatively simple models may be restricted to linear (possibly transient) analyses or
to steady-state calculations that may then cover the whole nonkinear and combined-sp
range. Semiempirical models are based on formulae that may give accurate representation
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Figure 8. The one-gimensional brush model subjected to side-slip and turm slip or camber,

of measured data. “Magic formula® descriptions are available for the steady-state forces and
moment as a response to the three input slip quantities: Iongitdinal, lateral and spin slip
{camber plus turn slip) and their combinations. First-order nonlinear differential equations are
added to cover transient contact phenomena, and second-order equations may be used to deal
with the dynamics of the belt. An obvious further advantage of semiempirical models such
as the short-wavelength intermediate-frequency tyre (SWIFT) model is the ease of handling
in terms of adapting operational parameters such as cornering stiffness, relaxation lengths,
vertical stiffness and natural belt frequencies while leaving other properties untouched. The
reader should refer to the book by Pacejka [3], the dissertation by Schmeitz [4] and the papers
by Besselink et al. [5] and Jansen et al. [6] presented at the conference and published in this
volume for more information on some of these and subsequent models.

In figure 8 the deflected one-dimensional brush model is depicted, which s subjected to
a combination of side-slip and turmn slip. The lower diagram refers to the equivalent case of
combined side-skip and camber. For transient phenomena the stretched-string-based model is
more suitable albeit that entering the nonlinear range poses an almost insurmountable difficulty.

Figure 9 shows the development of the string deformation after step changes in side-slip
and furn slip. The initial development of the lateral deformation which is uniform in the case
of side-slip and angular in the case of turning explains the slow start of the moment and the
side-force generation in the respective cases.

——ai

RFTI

Lj“lll ..-'-: wheel plang
=

s H /-': contact fne

steady-state path of contact points - string

Figure 9. Transient response of the deformation of the stretched-siring model to step changes in side-skip and
turn slip.
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The predicted force and moment responses are very similar to the measured values in figure 7
except for the moment response to turn slip. The ultimate shape of the deformed string is sym-
metric in the case of tuming, which causes the moment to vanish. We need to expand the
model and to make it two dimensional, that is to add the finite width of the contact patch.
This is accomplished by adding tread elements attached to a number of parallel strings, These
elements may be allowed io deflect only in the longitudinal direction, This considerably limits
the complexity of this analytical linear model. In figure 10, the two-dimensional model and
the resulting response curves have been depicted. The moment response is subdivided into the
moment M, due to lateral string deformation and the moment M7 due to longimdinal deflec-
tion caused by the tread width. The shape of the measured response curve is now predicted
satisfactorily. It is noted, however, that the contribution of the turn-slip-induced side-slip, to
be introduced later, results in a better approximation of the measured curve as well.

To deal with the observed phenomena in a semiempirical model a set of first-order dif-
ferential equations may be used. The parameters (relaxation lengths) are made load and slip
magnitude dependent. SWIFT features in total seven equations: one for ', two for o and ¢
{pneumatic trail) and four for ¢’. The principal differential equation for the transient turn slip
(similar to those for longitudinal skp and Jateral slip) is

oo + Vo' = —. @

The structure of the equations allows the use of the equation even at vanishing speed V.
Then, the equation reduces to an integral of the yaw rate, which corresponds to a stiffness
equation. At speeds approaching zero, the performance of the moment in parking manoeuvres
is improved by using, instead, the integral given by van der J. agt{7] fog:.gng deflection angle g:

ﬂ=—[(1—p%) ydt. )

This ther should be multiplied by the torsional stiffness of the standing tyre, The coefficient
p =0 if g > 0; otherwise P = 1. The exponent ¢ may be taken to be equal to 2. The
maximum moment occurs at fill turm sliding and is denoted by M,.,. As car be seen from the
formuta, the increase in the deflection angle is decreased when the moment becomes closer to
its ultimate maximum. For the actual more complex modelling in SWIFT, see [3]. Later, an
application regarding parking manceuvring will be demonstrated.

The cbserved reciprocity in the moment response to side-slip and the foree response to turn
slip is typically demonstrated in the linear steady-state equations. We have for the side force

Figure 10. Siring-brush two-dimensional model for linear transient analysis with resuking step responses,

T I,
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and the aligning moment

Fy =CFQQ+CF¢,(D, . (6)
M, = —Cuae + Cyp0, €}

with all slip stiffness coefficients taken as positive quantities. For the analytical brush and
string models (possibly extended with laterally deflecting tread elements) it turns out that

CF(a = Cya. (8)

This type of reciprocity with equal but opposite coefficients is known to occur also in dynamic
systems, that is in gyroscopic terms. The explanation of this phenomenon may be given by
considering the energy flow in the system. For this, the bond graph that corresponds. to the
equations (&) and (7) may be helpful. Figure 11 shows the bond graph on th_e left-hand 51'(_:Ie. As
indicated, the power that flows into the system equals the product of the pair of cc.wal.lables:
Pr = —V,Fy and Py = —y'M,. Through the 1-junction power Pro = -V, Fy is diverted
towards the gyrator while the remaining power Pry == -V, Fyq is fed to the res1‘stor'where
that part of the power is dissipated and the side-slip force Fyo is produced by nlmltlplymg the
flow —V,, by the resistor parameter Cr,/ V. In the gyrator, the flow variable —V,, is transformed
into the effort variable — M., through muitiplication by the gyrator factor Cp/ V. In the lower
part of the graph the power Py joins the power that comes from the gyrator. This power —.PMG,
turns out to be equal to the power Pr, that originated from the side force due to turn slip. In
the lower 1-junction the power — Py, is added to Py. As a result, the power that is dissipated
in the lower resistor is equal to just Py, = wy'&Mw; that is, it is only associated with twm
slip. At steady state, the moment due to turn slip is only due to longitudinal deflections, which
leads to the equality Mz, = M. As a consequence, we observe that the power P, = —V, Fy;
is converted into — Pyry = r My, which is then fed back into the syster., Consequently, this
part of the power that is passed through the gyrator is being conserved, which probably forms
the background of the occurrence of the opposite reciprocity. It can be shown that the energy,
which is connected with the lateral force and is lost in the rear end of the contact patch, is
related to the side force only because of side-slip. The lateral deformation due to tum slip is
symmeiric and additional sliding does not take place. The energy loss connected with turn
slip is due to the longimdinal defiections which abrupily drop to zero at the trailing edge, just
like the loss in lateral potential energy at side-skip.

It would be interesting ic see whether the same phenomenon is found to occur with the actual
tyre. This seems not to be the case. From the estimated heights of the asymptotes of the step
function responses presented in figure 7 the following set of slip stiffnesses have been derived:
Cre = 66 000 Nrad™?, Cygp = 1900 Nmrad™!, Cry == 2600Nm, Carp, = 120N m?, Cpy =
4000Nrad™! and Cyr, = 230N mrad~", This result shows a considerably larger C Fe than

hfiaths "0 R TRTC | |AoRotR, R
Y
Al
loyralor) (G
Mz=ﬂdm+M2m NIZQ CM it
-y (w1m) -y (,Bi,;)vz Ryi=FRy+ R, dissipation

Figure 11. Thebond graph representing the relations given by equations (6} and (7), and the connected power How
diagram,
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Figure 12, The extended model showing the turn-slip-induced slip angle.

Cita- An extended mode! that takes into account the torsion of the lower part of the belt
through the action of the moment M due to the tread width is capable of eliminating this
discrepaney. Figure 12 depicts the extended model that now shows the internal slip angle o,
caused by the turn-slip moment. Here we see that the lateral deflections at the trailing edge do
not vanish, indicating that some power loss is associated with the side force due to turning. As
the side force is now slightly pointing (o the rear, the dissipated power is compensated by the
forward motion of the wheel axle. A bond graph that represents the new system does show that
additional connections with the forward power source brings about the loss of reciprocity. The
force and moment twm-slip stiffnesses for the extended model car be derived to become

CraCy ¢
Cy ! ":
CuaCly
Cyr ’

Crp = Cuya + (9

CM'P = CI!:;J - 1m

from which we find the slip stiffness only attributed to longitudinal deflections:

Cuy

T Cotalo0” (11}

*

My ™
Equations (9) and (10} indicate that through the induced side-slip the turn-slip stiffness for the
side force is increased while the stiffness for the moment is decreased. The first finding is in
agreement with experimental evidence as indicated above. From the experimentally obtained
slip stiffnesses listed above, the associated torsional stiffness of the lower part of the belt may
be derived using the above equations: '

CchFo:

= 13300N mrad™?, 12
Cqu = CMQ! . ( )

Cy = CMa +
As expected, the value for the torsional stiffness ¢y is much larger than the experimentally
assessed torsional stiffness of the standing tyre including the flexible tread elements: Cuy =
4000 N mrad~1. With equation (11) the value for the torn-slip stiffness due to the tread width
becomes

Cir, = 140N m?, (13

which, obviously, is larger than the total turn-slip stiffness Cyy,, owing to the counteraction of
Crer in equation (10).
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From the experimental data listed above with Crp = 2600Nm, Cpy, = 120N m?, C Fy =
4000 Nr1ad™!, Cay = 230N mrad ™ and the effective rolling radius r. = 0.3 m, the camber
reduction factor &, introduced in equation (2) can be calculated. We have the formuia

C
L-s =rgl. 149

Using the ratio of the force slip stiffnesses or of the moment slip stiffresses may lead to
different vesults. We obtain for the force response a camber reduction factor £, = (.54 and for
the moment 0.43. As generally the force response to camber is of greater importance than the
moment response, we may decide to employ a value closer to that associated with the force.

5. The non-lagging part

As has already been indicated in connection with the step response of the side force to camber
change as plotted in the lower left diagram of figure 7, an initial value may already arise
because of the asymmetric deformation of the tyre before the tyre starts to roll. The initial
value that is generated in the process of loading and applying camber depends on the way
that ihe final configuration is achieved. In figure 13, three independent ways of approach
have been considered. After rolling has started, the force develops and the steady-state value
is approached. The signs of the initial forces and their magnitudes differ for the three cases
and will depend on the magnitude of the camber angle and the normal load. Inclusion of the
non-lagging past in simulations, and therefore of the relatively fast response at quick changes
in Joad and camber that might occur on rough reads, may be accomplished by computing
the associated lateral tyre deformation. For this, one may employ the differential equation
for the transient slip angle with, on the fght-hand side, the side-slip velocity which is row a
combination of the lateral velocity of the contact centre C and of an additional skip point Sy
attached on the wheel radius pointing to the contact centre at a distance r, {figure 14). The
introduction of the additional slip point is obviously necessary to cover the cases R and C

200 -
l—;, —
/--:—
100+ = ; i -
in] non:lagging part:
0 / - -
-100

¢] 0.5 10 1.5 0 05 10 15 0 0.5 10 15 [m]

Figure 13. The three principal cases of the response to the changes in loading and camber before and after rolling
(camber angle, 2°; vertical load, 4000 N).
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where the contact centre C does not move laterally. The differential equation is
Gul’ + Vo' = =V, = —(1 — &) Vy; — £V, (15)

If the forward speed V vanishes, the equation takes the form of an integral from which the
deflection follows and with 6, = Cp,/C ry the static side force is obtained, Both r, and ¢ are
functions of the load and camber angle aiming at reproducing the data in figure 14 (left-hand
diagram). For the ensuing response at rolling, equation (15) c@"ntinqgggo operate, Obviously,
the two slip velocity components represent the velocities of the slip points with respect to
the local road surface plane. On three-dimensional uneven surfaces, this plane changes in
orientation, thereby causing relative camber changes.

6. Applications

We shall first address examples that demonstrate the importance of tum-skip properties in
vehicle dynamics. It is always the moment that makes tum slip an important factor in some
applications. With camber, it appears that the camber thrust (force) is the more important
output.

Two items will be discussed briefly, that is wheel shimmy and parking. Wheel shirmy is
the well-known, self-excited and sometimes dangerous oscillation that may occur with the
aircraft landing gear and the front wheels of trucks. The pnewmatic tyre, often in combination
with the lateral compliance of the wheel suspension, can be the cause of this type of instability.
When oscillating the rolling wheel about its vertical axis the aligning torque — M shows a
phase lag with respect to the imposed (small) yaw angle . In the model, this is caused by
the differential equation (15). For straight-ahead motion of the wheel centre, the side-slip
velocity —V, is proportional to y. Hence, o' will lag behind . At low frequencies we may
put M} = —Cys.e’. The lag is responsible for the destabilizing energy flow into the system that
ultimately comes from the forward motion of the vehicle. The turn-slip moment —M;  however,
provides damping since it shows a phase lead of approximately 90° with respect to ¢ because
at low frequencies this moment is proportional to —o. thatis to ¥/ V. In figure 15, areas of
instability are shown where shimmy will develop without external excitation. Unstable ranges
of speed V have been plotted versus the mechanical trail e. The area of instability diminishes
and ultimately vanishes at increasing turn-slip stiffness C M-
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Figure 15. Area of shimmy instability which shrinks at [arger turn-slip stiffaesses [3].

Manoeuvring at a low speed while turning the steering wheel gives rise to relatively large
steering torgues. This effect is largely due to the turn-slip moment M,,. In the SWIFT
algorithm, four first-order differential equations are used (equation (4) is one of them) to cover
the relatively complex short-wavelength contact patch properties connected with tum slip.
‘Magic formula’ extensions generate the output force and moment, To describe the parking .
moment variations at zero speed or a very low speed of travel better, the algorithm gradually
changes to the full use of the integral (5). Figure 16 (left-hand diagram) compares test and
computed results showing the variation in the moment about the central vertical wheel axis
while the axle is swivelled about the same axis. The initial part of the curve can be improved by
adapting the exponent ¢ in equation (5). In the right-hand diagram the simulation is extended to
the phase where the axle starts to move forwards while the steering input remains unchanged.
The steering axis is connected to a quarter-vehicle body and it is observed that the side foree -
is beginning to develop as the speed increases. A small lateral vibration appears to show up at
low speeds, which is connected with the car mass moving side ways on the compliant tyre.

Camber produces a side force when the wheel is tilted with respect to the road surface.
For motorcycles this is the main source of the side thrust needed for cornering. For cars and
trucks, camber is often an inpat that can better be avoided. Special cars may employ camber to
minimize wear and to maximize side-force generation (at side-slip). Local road camber caused
by rutted roads may give rise to the so-called wandering effect that is due to insufficient camber
stiffness such as generatly occurs with radial tyres. The wheel does not climb up or stay neutral
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Figure 17. Double-track tandem-cam road feeler (effective road inputs; oblique step).

but tends to move to the lowest path in the rut. On thres-dimensional wneven road surfaces
the local road plane shows variations in height, in forward slope and in transverse slope. The
latter gives rise to tyre camber variations that must be taken into account to simulate the
force variation felt by the wheel properly. Since the tyre has a finite contact length and width,
geometric filtering occurs and the so-called enveloping power of the tyre plays an important
‘role. To model rolling over uneven roads and traversing obstacles, the’ oncept of the effective
road plane has been introduced. With such an effective input, a tyre model with 2 single-point
road contact can be employed. In addition to the three effective quantities mentioned, a fonrth
input is used: the effective forward road curvature that is used to vary the effective rolling
radius properly. To assess the effective input variables, a road feeler is developed that consists
of a set of cams arranged along the edges of the rectangular contact zone. The cams can move
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Figure 18. Vertical, Jongimdinal and lateral forces and aligning axle moment as measured and simulated: PSD,
power spectral density.
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vertically, guided by the wheel axle, and touch the actual road surface. The average height and
slopes of the surface that contains the lowest points of the cams provide the effective inputs,
Usually, 2 pair of four cams is needed. For more detailed and especially oblique obstacles,
more cams may be needed to scan the surface more accurately (figure 17). Figure 18 gives
an example of dynamic measwwement and simulation results. The wheel axle is fixed and the
tyre rolls over an obligue cleat. Time traces and power spectral densities have been presented
{sec [4] for more details).
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The article focuses or the interface between multibody software and tyre models as well a5 on the
applications and limitations of tyre models implemented in multibody codes. Basic principles of multi-
body simulation will be followed by a classification of the range of applications of muktibody codes
for vehicle dynamics design and assessment and the corresponding classifieation of tyre models in
multibody simulation. The classification will be made along occurring oscillation amplitudes ranging
from very small te large part displacements and along occurring frequencies ranging from quasistatic
movements up to the acoustic frequency range. The basic structure of the interfaces between tyre
model, road description and multibody model will he revealed and the different call modes of
tyre models in jultibody codes will be summarized. As cxamples some indnstrial applications of
tyre models in multibody simulation will be explained. This includes quasistatic tyre model-based
simulation scenarios as weil as laterat and longitudinal dynamic simulation scenarics in quite a low-
frequency range and finally vertical and combined dynamic sizaulation scenarios in higher-frequency
ranges. ;

Keywonds: Multibody simulation; Tyre models; SIMPACK

1. Introduction

Tyre models in multibady programs are used fora huge variety of sirnlation tasks in vehicle
dynamics design. This includes lateral and longitudinal vehicle dynamics in quite a low-
frequency range up to vertical vehicle dynamics in a high-frequency range and combinations.
Many different proprietary and non-commercial tyre models have been developed in the past
and still are under steady development and improvement. The vast number of different tyre
moedels often causes the simulation engineer to be spoilt for choice when choosing a proper
model for a certain simulation task. The situation becomes even more complicaied when
tyre models with road descriptions are interfaced to multibody codes in many different ways.

To find out the best tyre model suitable for a certain simulation task a classification of
the range of applications of multibody codes for vehicle dynamics design and assessment
is necessary. The classification can be made along occurring oscillation amplitudes ranging
from very small to large part displacements and along occurring frequencies ranging from
quasistatic reovements up to the acoustic frequency range. In a second step, the existing tyre
models have to be fitted into the application classification scheme,
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The same tyre model can be interfaced in many different ways to multibody programs. The
kinematics given by the multibody code has to be transformed to a proper tyre-road-based
goordinate system, and the forces and torques produced by the tyre model have to be transferred
back to a vehicle-based system. Additionally, tyre models can be algebraic forc.e elements or
may have internal dynamics which can be solved in a cosimulation modc?. or simultaneously
by the solver of the multibody code. Tyre models can be used in many d]ffere'ut call deeS,
which can be for instance static analysis, nonlinear dynamic analysis in the time domzfun or
linear dynamic analysis in the frequency domain. When interfacing tyre models to multibody
codes, care has to be taken that the interface and the tyre model support all necessary call
modes without the need for changing the multibody model. .

Even though a huge range of applications can be addressed by today’s tyre models in
multibody codes there exist limitations, and basic research still needs to be invested, for
example easy tyre model parameter determination process, influence of temperatu.re changes,
various road conditions (wet, off road, flexible ground, etc.), and influence of ageing process
ot abrasion.

2. Basics of multibody codes

Besides linear and nonlinear finite-element analysis, multibody simulation has become an
established computer-aided engineering-process in the design of the functional dynamic or
static behaviour of complete cars, motorcycles and trucks or subsystems such as -chassm,
engine and driveline. Multibody simulation is a very efficient method to deliver insight and
results on motions, forces, accelerations, frequencies, [oads, noise, vibrations, ride comfort,
handling performance, stability and many more.

2.1 Modelling approach

The modelling approach for multibody models differs from the modelling approach for
finite-element models. Figure 1 shows the front-wheel suspension of a cross-country
vehicle. _

The technical system wheel suspension can be regarded as consisting of bodies including
mass and inertia, which are linked together by massless idealized joints and force elements,
Which technical part is to be modelled as body or joint or force element is the responsibility
of the engineer and depends on the intended simulation task. Figure 2 shows a very simplified
multibody representation of the wheel suspension. It consists of four bodies: chassis, suspen-
sion arm, wheel carrier and steering rack. The bodies produce the inertia forces. The bodies
are linked together by one revolute joint, one universal joint, two connection rods and one
prismatic joint. Bodies and joints define the kinematics and the motion degrees of freedom.
Applied forces are induced by the force elements: leaf spring, shock absorber, gravity and
tyre. Additional multibody elements are the inertial reference frame and sensors that measure
positions, velocities and accelerations and excitations.

2.2 Multibody equations

The basic principles for setting up the motion equations of multibody systems have been known
since Lagrange, Newton, Euler and d’Alembert. Depending on the choice of generalized
coordinates and applying the principles of mechanics, one derives the motion equations in one
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Figure !. Front-wheel suspension of a cross-country vehicle,

of two forms. Firstly, in state space form for a minimum set of state variables x,

Xp = Xy,

Mk, = h(xy, %y, 1), | &

where x; denotes the state position variables, whereas xy contains the state velocity variables.
The dot above a symbol means the derivative with respect to time ¢. M represents the mass
and inertia matrix, and % is the vector of generalized applied forces. In words, equation (1)
expresses the mechanical principle that mass times acceleration equals the applied forces.

E a gravity
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Figure 2. Multibody medel of the front-wheel suspension.
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The state space form of the motion equations are nonlinear ordinary first-order differentiat
equations. Secondly, in description form for u set of redundant variables z,

2}) =Zy,
Mz, — GTA = h(zy, 2y, 1), (2)
g, 1) =0,

where z, denotes the redundant position variables, whereas zy contains the redundant velocity
variables. The dot above a symbol means the derivative with respect to time ?. Matrix M
represents the mass and inertia matrix, and & is the vector of generalized applied forces.
Matzix G represents the constraint modes of motion and A the constraint forces. Vector g
describes the consiraint equations on the position Jevel. The descriptor form of the mofion
equations are nonlinear ordinary first-order differential algebraic equations (DAE).

In both formulations the right-hand side k contains the tyre forces which depend on the
vehicle position and velocity. In the case when the tyre model is an element with internal
dynamic states, both equation (1) and equation (2) have to be expanded by the following
differential equation of the tyre states xt:

1 =fxr, 2). (3

23  Multibody solver modes

Different numerical solver opticns can be applied to the motion equations.

Directly solving equations (1)}~(3) in the time domain by nonlinear numerical time integra-
tion yields the motion, the kinematic quantities on position, velocity and acceleration level and
the constraint and applied forces {e.g. tyre forces). This solver mode is applied for instance
in vehicle-handling performance apalysis, for hardware-in-the-loop and software-in-the-loep
applications, for ride comfort investigations, for noise vibration and harshness improvement
and in load data generation for durability and fatigue analysis.

Lirearizing the motion equations, one ends up with the linearized first-order differential
equation

i=Ax+Bu, 4

where x contains the state position and velocity variables of the linearized system. Matrix A is
the constant state space matrix, B is the system input matrix and # contains the input signals
to the system. Equation (4) is the basic equation for a linear system analysis in the frequency
domain, yielding the natural frequencies, damping, eigenmodes, frequency response functions,
Hnear system response and power spectral density. This solver mode is very centrat processor
unit time efficient even for complex moedels and in a high-frequency range. This mode is used
for oscillation analysis, comfort analysis and acoustics design for vehicies.

Setting the derivatives in equations (1)-(3} equal to zero yields the static or quasistatic
representation of the motion equations in the general form

0 =f(x, 1, (5)

where x contains the position and velocity variabies of the static or quasistatic system. Nonlin-
ear numerical algebraic solvers such as Newton iteration are applied to equation (5) for sratic
and quasistaric analysis. This solver mode is being used in kdnematic and compliant kinematic
suspension analysis, for computing the static prestress forces and equilibriem positions and
static loads.
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Ie order to use one vehicle multibody model for all solver modes, it is essential that the tyre
model directly supports the nonlinear time integration mode, the linear frequency mode and
the noniinear static and quasistatic modes.

3. {lassification of vehicle dynamics simulation tasks

Multibody models are applied to a huge variety of standard simulation tasks such as handling
analysis, suspension analysis, driving comfort, stability and safety and durability load data
generation. ’

Figure 3 gives an overview of the classification in terms of occurring frequencies and
amplitudes and reveals the typical borders for multibody simulation.

4, Classification of tyre models

Tyre medels can be classified by the physical modelling approach and additionally by use
cases. Both approaches are briefly summarized.

Simple tyre models are often a linear or nenlinear spring—damper combination for pure
vertical vehicle dynamics. For taking into account lateral and longitudinal tyre forces a linear
relation berween slip and resulting force is applied. Combined slip is not taken into account,
Simple tyre models are used for static and quasistatic vertical and lateral analyses of the vehicle
often in combination with virtual test rigs. They are also uséd for basic handling simulations
and are contained in vehicle models for hardware-in-the-Toop applications or vehicle control
design environments. Because of the linear nature of the slip—force relation the usefulness for
quantitative lateral and longitndinal vehicle behaviour is very limited. As there are no belt
dynamics included, it can be applied to a very-low-frequency range only. Figure 4 shows the
typical application range of simple tyre models.

The so-called appreximation models are based on a nonlinear mathematical approximation
of the tyre forces from measured longitudinat and lateral tyre behaviours. Combined slip
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Figure 3. Classification of vehicle dynamics simulation tasks: MBS, multibody system; HIL, hardware in the loop;
SIL, software in the loop; NVH, noise vibration harshness.
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Figure 4. Classification of tyre models by use cases: FE, finite element; MBS, multibedy system; HIL, hardware
in the loop; SIL, software in the loop; NVH, noise vibration harshness. '

can be taken into account. The model can be combined with a linear or nonlinear spring—
damper combination for vertical vehicle dynamics. Increasingly the approximation model is
combined with a rigid ring that has six degrees of freedom and that is supported by a spring—
damper mode! with respect to the rim. Some approximation models also have a discretizeted
belt model. According to figure 4, these tyre models can be found in static and quasistatic
simulation tasks, but the main range of application is handling dynamics, as well as primary
tide and secondary ride. Limitations to this tyre models are very high frequencies above 60 Hz
and the very short wavelength of road unevenness.

Physical or semiphysical models or deformation models describe the kinematics and dynam-
ics of the rubber ribs in the contact patch area in detail. The brush model is 4 well-known
candidate for this kind of tyre model. To derive the parameters of the model no slip—force
measarements are necessary as the describing parameters are of a physical and geometrical
natutre. These models can be also combined with a simple linear or nonlinear spring—damper
combination for vertical vehicle dynamics, with the rigid-ring tyre model or with a highly
discretizeted belt model. Figure 4 shows that the application range is not limited, but these
kinds as of tyre model are mainly used for static and quasistatic applications, secondary ride,
comfort and noise vibration harshness simulations and durability load profile generation.

Finite-element tyre models consist of a detailed finite-element structure for the contact
patch area, the belt and the gas dynamics. These models allow one to take into account any
physical effect of tyre behaviour but the computational effort is high. Finite-element tyre
models are being used for highly detailed static applications, for abuse investigations or in a
high-frequency range when dealing with noise emission.

5. Inierfaces between tyre models and multibody codes

There exist more than 20 different commercial and in-house multibody codes on the market,
This huge number is combined with even a higher number of different tyre models (Pacejka
MF 87, Pacejka Similarity, HSRI, MF Tyre, MF-MC Tyre and SWIFT Tyre). Taking SIMPACK
as an example, the user can choose between six different tyre models which mainly are
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Figure 5. Basic input and output quantities of tyre models in multibody codes.

approximation and deformation models (Pacejka MF 87, Pacejka Similarity, HSRI, MF Tyre,
MP-MC Tyre and SWIFT Tyre). Additionally, interfaces to more than ten different approxima-
tion and deformation tyre models have been implemented (2,g. Ti:Easy, RMOD-K, F-T; ire,
- Brit, IPG-Tyre and Fiala Tyre). All interfaces use 2 common basis but differ in detail. At first
glance, the interface is very straightforward.
On the input side, the tyre and road model needs kinematic information on the rim with
_Tespect to the inertia frame. This consists of the three Cartesian position and velocity states,
three orientation angles and the angular velocities. In the case when the tyre model has internal
dynamic states, these are also input to the model, The tyre and road models are described by
the track description, road height profile, road condition parameters and tyre parameters. For
each right-hand side calt of equations (1) or (2) the tyre mode] has to provide the forces and
moments acting on the rim and in the case of a dynamic model according to equation (3) also
the time derivatives of the internal tyre states.
The implementation of the interface is shown in figure 6.
Some tyre models have their own road model or an jnterface to a road model. In this case,
the multibody model transfers the kinematic quantities and the tyre states if necessary with a
certain call mode to the tyre model. The tyre model passes the kinematic position information
to the road model and receives the road height profile. In the next step the tyre madel computes
the forces and moments acting on the rim as well as the derivative of the {yre state variables
and transfers these quantities to the multibody code for the next time integration step. In
order to link different multibody codes easily with different tyre and road models, a standard
tyre interface (STI) and a standardized tyre modelroad model interface has been agreed
upon. .
As an aliemnative the road model has to be addressed by the multibody code, In this case
the kinematic position and orientation of each wheel have to be transferred by the maltibody
code to the road model, which in turn gives back the road height profile which is then passed
through to the tyre model, The interface between multibody codes and road models is not
standardized. :
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Figure 6. Imterfaces between multibody model, tyre model and road model: MBS, multibody system; TMRM, tyre
model-road model; STI, standard tyre interface.

Special attention has to be drawn to the different call modes of tyre models. The most
important call modes are as follows:

(i) nonlinear continzous-in-time domain;
(ii) nonfinear discrete-in-time domain (cosimulation mode):
(iii) stable real-time mode at a given sample period;
(iv) linear continuous-in-time domain;
(v) eigenmode analysis (mode shapes, natural frequencies and damping);
(vi) linear frequency and system response;
(vii) standstill operation mode, both in the time domain and the frequency domain;
(viif) parking operation mode; '
(ix) tyre force characteristics mode;
(x) four-roller test rig mode;
(xi) four-poster stamp test rig mode;
(xii} tyre test rig mode.

The objective is to use the same tyre model and multibody model for all operation modes
listed above. This requires enhancements of today’s tyre models as well as the enhancements
of interfaces on the side of the multibody codes. Accordingly the STT also has to be further

expanded.

6. Application examples of tyre models in multibody codes

At present, most of the relevant tyre properties are well understood end can be represented by
the tyre models existing today. The range of today’s typical applications will be shown by the
following examples.
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6.1 Lateral and longitudinal dynamics

Figure 7 shows a sinusoidal steering manceuvre at different vehicle speeds. It is a typical
manoeuvre for assessing the lateral agility and the lateral acceleration response due to steering
input. Besides a detailed model of the suspension compliant kinematics of the multibody mode!
of the car, the static and transient lateral tyre characteristics are crucial for meaningful results.
In this case an approximation tyre model has been used.

Figure 8 shows an example of a lane change manoeuvre of a car with caravan at different
speeds. One purpose of those simulations is for example to test or design the control code
of an electronic stability management system. Again the virtal prototype requires a detailed
suspension model together with a realistic approximation of the lateral and longitudinal static
and transient tyre behavicur, Owing to braking inputs from the stability system, combined
lateral and longitudinal slip has to be taken into zccount. Tn this case an approximation tyre
model has been used. ’

Figure 7. Sinuscidal steering manoeuvre,

Figure 8, Lane change manoeuvre with trailer,
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Figure 9. Lane change manocuvre in limit conditions.

Figure 9 shows alane change manoeuvie in limit conditions. Testing the stability at different
load conditions of the trailer is investigated with those simulations. Because of simultaneous
cornering and braking, a good representation of combined dynamics of lateral and longitudinal
forces is a prerequisite for reliable results. Additionally the tyre model must be able to represent
the forces and moments due to large camber angles. The simulations have been carried out
with an approximation model. : :

6.2 Vertical and longitudinal dynamics

Figure 10 shows a car driving on a poor road surface with short wavelength, The point of
interest of this simulation is the vertical dynamics for instance to generate durability load
profiles or to assess the ride comfort. The multibody model is highly detailed and includes
flexible bodies. The tyre model must be able to represent the high-frequency dynamics of all

Figure 10. Car on an ugeven road.
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Figurz 11. Car on a four-poster stamp rig.

tyre force components. Also the dynamics of the tyre belt vibritions have to be included in the

longitudinal direction and also in vertical direction. To produce correct longitudinal forces, a
detailed tyre-road contact model is included. For this simulations a semiphysical tyre model
has been used. '

The last application example is shown in figure 11. The model consists of a detailed sus-
pension model including compliance at the mount points of the suspension parts. Also the
flexibility of the subframe Is taken into account, All components of the drive train are mod-
elled in detail in order to obtain a good representation of all oscillation effects, The excitation
of the posters reaches from low to higher frequencies. The tyre model has to support a standstill
operation mode and the dynamics of the tyre belt must be represented as well, For small excita-
tion amplitudes a linearization mode has to be supported. For this simuiation an approximation
tyre model with an elastic belt has been used.

7. Summary

The article focused on the interface between multibody software and tyre models. Basic and
common principles of multibody codes were shown, followed by a summary of different sim-
ulation modes for vehicle dynamics simulation. The application range of multibody codes
was classified in terms of simulation tasks, frequencies and excitation amplitudes and this
classification scheme was transformed to classify also the different tyre models. The prin-
cipal structure of the interfaces between multibody codes and tyre models was expiained
together with the need for standardizing and further enhancing the scope of these interfaces in
order to support as many different call modes for the same tyre model, Application exarnples
‘for lateral, longitudinal and vertical vehicle behaviour prove that today the combination of
tyre models and multibody codes is well established for standard simufation tasks in vehicle
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dynamics simulation. Additionally, specialists are able to generate reliable results even for
non-standard simulation tasks where higher frequencies, multipoint contact and/or huge
deflection amplitudes occur. A safe and economically reasonable process for obtaining the
parameters of the different tyre models and recommendations on how to handle the uncer-
tainty in the tyre measurements which are the basis for the parametrization process are stitl
open issues. Concentrating on few different tyre models which are easy to exchange and which
support all operation and call modes would help non-experts greatly to carry out their simu-
Jation tasks. The tyre model performance test is a good source of information and will give a
good first orientation for selecting a proper tyre model for an individual simulation task.
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3.2 Validity of the cornering force—self-aligning torque system model

Figure 5 shows the slip-angle dependence of F, and M, for tyres A-C, together with th
results of the fit to the CF-SAT system model and the transient change in p(x,). For any tyres,
the results of the fit to the CE-SAT system model agree well with the measurements. Whil
the saturated value of Fy{a) at larger slip angles (@ > 10°} is mainly determined by the loa
F, and the sliding friction coefficient ug4 of tread rubber, the value of F (2) at more practic
handling angles (@ < 5°) depends on the adhesive friction coefficient u1; and the deformatio,
stiffnesses of the tyre {i.e. Cy, € and Gr,). The longitudinal-force torque M;x(a) is fairt
large and becomes dominant at larger slip angles. Int a previous study which had compared the
measured comering property with the aralytical theory {7], it was reported that the theoretic:
fit of M,{a) was poorer than that of F,{(a). In the CF-SAT system model, this problem j;
improved by the intreduction of M, (a), the description of which is too simple. :

The rolling resistance of truck tyres under a dynamjc
vertical load

ARNAUD J. P. MIEGEt and ATANAS A. POPOV*}

QinetiQ}, Land Vehicle Systems, Cody Technology Park, Building X80, Room 218, Ively Road,
Farnborough GU14 0LX, UK
j:School of Mechanical, Materials and Manufacturing Engineering, University of Nottingham,
University Park, Nottingham NG7 2RD, UK

4. Conclusions .
The paper deals with tyre modelling to predict the rolling resistance of truck tyres uader a dynatnic
vertical load, A model originating from Pacejka is applied and modified to perform the necessary
calculations. The predictions are compared with the avajlable expe:imenta] data on rolling resistance
under dyramic vertical load given by Popov et al. The analysis is extended into a larger frequency
range s¢ that other models can be also discussed and compared, Within the frequency range consadeted
and based on the experimental data, Pacejka's model appears to give the best results.

A new analytical tyre modei for the CF and SAT is proposed on the basis of the Fiala mode],
The CF-SAT system model describes the stip-angle dependences of the CF and SAT by forms
consistent with a common set of deformation stiffnesses of the tyre casing and the friction
coefficients of tread rubber. The system model, which contains both the physical meaning of
parameters and the precise description of measured comering data, might be applicable to-
tyre designs, vehicle cornering simulations and other purposes. Least-squares fits to the model

reveal the adhesive-sliding fraction of the contact patch duning cornering. :

Keywords: Poenmatic tyres; Rolling resistance; Heavy vehicles; Dynamic vertical load; Tyze
modelling
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Iniroduction

erolling resistance accounts for approximately one third of the energy consumed by a heavy
hicle engine [1]. Significant economic and environmental improvements can be obtained
by reducing fuel consumption and therefore rolling resistance. The loss comes from energy
ssipation in both the tyres and the suspension of the vehicle. For a freely rolling tyre ander
static vertical load, it can be measured on large rotating drum with a smooth surface [2].
e measured rolling resistance arises from hysteretic losses in the sidewalls and tread band
inaterial, which experience a deformation cycle every revolution of the tyre [3]. There is an
itional small loss (approximately 10%} due to microslip in the contact patch between tyre
d test surface,

" Three major mechanisms exist by which the road roughness can produce additional losses
- 131 (figure 1):

(a) excitation of the vehicle by road roughness, leading to energy dissipation in the suspension
dampers and frictional losses due to vibration;
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Figure 1. Tyre rolling resistance. From Popov et al. 7).

(b) hysteretic losses in the contact patch due to dynamic vertical deflection of the tyres, ang
additional frictional losses in the contact patch due to microslip;

(c) hysteretic Iosses in the tyre material due to envelopment of the road roughness by the tyre

which also cause further frictional fosses in the contact patch due to microslip.

This energy dissipation results in an asymmetric pressure distribution, which is higher i
the forward portion of the contact patch, where the tread elements are forced radially inwards
and lower in the rearward portion of the contact patch, where the tread elements are forcei
radially outwards [4]. This leads to a forward shift in the centroid of the normal pressur
distribution, at a distance ¢ in figure 1, where the horizontal and vertical forces applied at th

wheel hub teact. A moment balance about an axis through a point on the road surface below

the wheel centre yields the foliowing relationship:

=
b

fi!=_, Qa

fxr~fze=0£>
. ior

where V; is the forward speed of the vehicle, £, and f; are the longitudinal and vertical force:

respectively actingat the wheel axlef, r is the Joaded radius of the tyre and ¢ is the longitudinal

shift of the line of action for the vertical contact force. The ratio e/ r is by definition the rollin
resistance of the tyre. .
Schuring [2] wrote an extensive review on the rolling resistance of tyres in steady-stafs
conditions under a constant vertical load. The influence of operation conditions as well as
tyre design parameters on rolling resistance were investigated. The findings were mainly o
experimental nature although some tyre models (empirical, thermal, viscoelastic and thermo
viscoelastic} were referred to for the prediction of rolling resistance. These models gave
conflicting results, highlighting the difficulty in modelling rolling resistance accurately and
shedding some doubt over the validity of the predictions by the available theoretical models.

Klingbeil [5] and Klingbeii ef al. [6] developed a viscoclastic model for rolling resistance :
calculations where rolling losses were associated with seven deformation mechanisms in the

tyre structure. These rolling losses were computed through harmonic analyses of all deforma-
tion cycles and the application of a loss tangent factor to the maximum stored strain energy

for each spectral component. The results showed that the main contributions to the rolling -

resistance were from bending of the tread band, compression of the tread and shearing of
the sidewalls. Comparison with experimental data showed general good agreement with the
predicted trends but there were some discrepancies in the absolute values, Popov et al. [3]

used this method for truck tyres. However, only the rolling resistance component due to .

tread compression was considered, which was found to amount to approximately 56% of the
measured value of rolling resistance.

Throughout the paper, f, and f; will refer to forces in the time domain, whereas Fy and F; will refer to forces
in the frequency domain. .
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ithough a large volume of research exists on the steady rolling resistance of tyres under a
ant vertical load, very few studies have considered the energy dissipation in the tyre and
pension together. Most of the existing literature is concerned with car tyrt_as and few data are
able on trck tyres, which have a different design and cairy sqbstantially higher lOad.S.
{irthermore, Do laboratory measurements of truck tyre rolling resistance under a dynaﬂ?lc
“ical load have been reported until recently; Popov et al. (7] show.ed tha.t there was no sig-
ant effect of dynamic load on mean rolling resistance (dus to static vert'lcal load), whether
smooth drum or in the presence of cleats in the frequency range considered (04 Hz)..
o work described in this paper aims to apply and extend existing tyre models to predict
{lifig resistance under dynamic vertical load in the frequency range of interest (020 I—Iz_) and
;ompare the results with the available experimental data from Popov et al. E’:’]. Sef:ﬂon 2
sents the relevant experimental results from Popov et al. [7] of measurf.d rolling resistance
or a dynamic vertical load. The tyre model giving the best cgrrelauon to those 1:esults
presenied in section 3, together with a critical comparison with other models. Finally,
ticlusions are drawn in section 4.

Experimental results

: ief suromary of the experimental results from Popov er al. [7] is presented here forthe
613521321;;0‘161 validation inpsectiou 3. For further details, the readt_:r should re'.fer 0 [7_}. A
olling-drur facility of 3 m diameter at Dunlop Tyres Ltd UK was modified to provide aunique
ynamic loading and measusement capability. The sensitivity and accuracy gf the longitudinal-
srce measurement were increased substantially by using a non-rot.atmg six-component load
| from the University of Michigan Transportation Research Institute (UMI'R.I) [8]. Errors
e to the load cell misalignment and rotation (caused by vertical wheel displacement) were

rrected using displacement transducers. A hydraulic servo«controllet':l actuator was used to
enerate a dynamic vertical load on the wheel, superimposed on the static load provided by _the
xisting pneumatic loading system. Accelerometers were used to correct for the acceleration
£ the mass outhoard of the load cell. The measurements were made for two types of tyre: 2
onventional drive-axle tyre (385/65R22.5) and a wide-base low-profile tyre (295/ 80R22.3).

21 Measurement procedure

The tytes were initially warmed up for 2h with a vertical loafi close o the test load. "[“he
teady inflation pressure reached at the end of the warm-up period was ke_pt- cgnsta:it dunfng
the test by a control system. Changes in the temperature of the tyre were minimized b.y taiqng
measurements inmmediately after any change in load. Measurements were madfe at one inflation
pressure (9.4 bar warm for the 385/65R22.5 tyre, and 8.7 bgr warn for t_hf: 295/80R22.5 tyre),
three speeds (10, 40 and 80 km b~1) and four harmonic loading frequenc1es.(0.5 ,1,2and 4 Hz).
The siatic component of the vertical load was within the range used during the steady-staFe
measurements. The amplitude of the dynamic force comporent was always 50% of the static
vertical force. _ )
After the warm-up procedure, the programme of measurements consisted of the following
steps for each combination of tyre, static force and speed.

(i) The longitudinal force was measured for the static force alone. . ' )

(i} A harmonic dynamic vertical force was superimposed on to the staic \i'em.cal force with
amplitude 50% of the static value, and the corresponding average longinidinal force was
measured for each of the forcing frequencies.
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(ifi} The dynamnic load was then applied quasistatically, in discrete levels, and the longimdingg
force was measured at each level.

(iv) The 4 Hz dynamic load was then reapplied and a longitudinal-force measurement taken;

2.2 Rolling resistance under a dynamic vertical load

Figure 2 presents the results obtained under a dynamic vertical load for the 385/65R22.5 tyr,
at 9.4 bar and 40 kmh~!, based on data collected through the whole loading programime, wit
an initjal vertical load close to 35kN. There are two measurements at 4 Hz obtained right,
the beginning and the end of the experimental programme; they are in good agreement wi
each other, which proves the repeatability of the measurements. The best-fit line, which w
obtained using the least-squares-error approximation through all data points in figure 2, has
stope close to zero. This indicates little effect of dynamic loading on overall rolling resistanc

It can therefore be concluded that there is little discernible effect of the dynamic vertic;
load on the mean rolling resistance across 2 wide range of frequencies. However, this cann
be extrapolated to frequencies much higher than, say, 6 Hz owing to limitations with th
experimental set-up.

3. Tyre modelling

Three tyre models [4, 5, 10} were applied and modified to predict the rolling resistance under’
a dynamic vertical load [11]. These models were selected over others because of their relativ
ease of implementation and evaluation of model parameters, as well as their ability to mede!
longitudinal tyre force as a function of vertical load. Onty one of the models is presented here.
but the results are also compared with the results obtained from the other models and with thi
measured rolling resistance in section 3.2.

-3
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Figure 2. Rolling-resistance coefficient versus frequency of harmonic vertical force with mean value at start close
to 35kN, for 385/65R22.5 tyre at 9.4 bar and 40kmh~! [7].
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acejin’s transient tyre model

book on tyre dynamics, Pacejka [9] devoted one chapter to the application of- single-
{act-point fransient tyre models, where the response of t]?e a-xle forc.:es fiand f;to0 ]J-l-p]a]:.le

otions (x, z), road waviness and tyre non-uniformities is consm.tered. The {elangnslup
cen normal load f, and radial tyre deflection o is simplified using the radial sufEnf?ss-
(f, = Crzpu)- The equations have been derived in detail by Pacejka [91; so only a brief

& is presented here. .

3 variations in the effective rolling radius r, with respect to tyre deflection o an'd tread
Hi d, define two gradients § = —(8r./3p.) and & = —(dr,/34;). A value of approximately
for n for radial tyres and 0.4 for bias-ply tyres is recommended {9]. I.n ordet to perf.o.rm

Jear anakysis, small deviations (indicated with 2 tilde) from the undisturbed condition
<dicated by an additional subscript ) are assumed. o
ariations in the free radius r; along the circumference of the tyre due to variations in th.e
a5 radius r and other variations in the tread thickness d; are also con.s1dered. The hori-
fal in-plane tyre force in the contact patch has three components: the? hogzontal component
e normal load, the variation in the rolling resistance and the longitudinal force response
e variation in the wheels longitudinal slip. - .

e variation in the rolling resistance force is assumed to be directly trapsmitted to ti‘ae tread
Gugh changes in the vertical load, which resuait from variations in the tyre deﬂec.:nsnn aqd
sibly changes in the radial stiffness along the circomference of the tyre. The variations in

deflection resalt from vertical wheel displacement, tyre out-of-roundness and road height
hanges. . _
By combining all these effects and linearizing the relevant equan'c:ns, a general expression
+ the small variations in the horizontal tyre force can be derived in the frequenc? floma.m.
tom this seneral expression, individual contributions can be evaluated. However, it is worth
Gting that there is no physical energy loss mechanism associated.'ln the case ?f the frequency
sponse to axle motions on smooth and level ground, the following are obta.med.:

nCre 2¢iv

2 = —_— (2a)
Z ~ACr ro 1= v24+20iv
e non-dimensjonal frequency
p=—, _ (2b)
e, -
speed-dependent damping ratio
= E ﬁwgu , (Zc)
2 Cre r%
~and the natural frequency of the tyre-wheel rotation with respect to the contact patch
7y b2
g, = (M) , (2d)
Iy _

where capital letters indicate the Laplace transform of the corresponding variables, 7 being the

- vertical axle displacement. The parameters are as follows: Ay, rolling resistance coefficient;

Cr,, longitudinal creep coefficient; r, tyre’s loaded radius; Iy, wheel's polar moment of




140 A. J. P Miege and A. A. Popov Rolling resistance of truck tyres 141

012

inertia; C,, longitudinal tyre stiffness. In order to compare the model predictions wity h
experimental results, the mean rolling resistance needs to be caleulated: :

+_ fo [ nCre 2¢iv FAGI
h=—gs fﬂ A’+ro CFzIm( s 2civ) o [sin@n) | dws).

0.1

z

o
a-
)

x

The contribution of the second term in the integral in equation (3) is zero because;
sine function is integrated over a period. Therefore, the mean rolling resistance is equ
the static rolling resistance (f; = ~A, Jz0} and the dynamic load has no effect, as obsery,
experimentaily [7]. '

Appropriate numerical values must be chosen for the various parameters: Ar, Cry,, Cy
Crzs 1 and rg. The radial tyre stiffness Cr; 1s the dynamic tyre stiffness: this can be deriy
either using a mass—spring—dashpot arrangement (k; + eiiw — mww?), or from a flexible rin
model Ky{w) [12], using appropriate boundary conditions. A, is the static rolling resistan
coefficient as measnred by Popov er al. [7]. The longitudinal creep coefficient Cr, was me
sared {13] as a function of the vertical Toad for a similar tyre (295/75R22.5). Thorvald
measured the longitudinal tyre stiffness as a function of the vertical load and inflation pre;
sure for a similar heavy-vehicle tyre (315/80R22.5). The value for Cr, was chosen |
the basis of his results, while n was taken to be 0.1, according to Pacejka's recomme
dations. The static loaded tyre radius rg can be calculated using the free undeformed ty;
radius and the static tyre stiffness. The numerical values used for simulations are sunmariz
in table 1. )

Roalling resisiance F_/ F,
=} =)
g B

0.02

1 ; }
] 0 20 ld] 40 50
Frequency [Hz}

Figure 3. Amplitude of dynamic rolling resistance from the model.

chosen for A;. The results show a resonance at approximately 17 Hz, which eorresponds t
the natural frequency wg, of the tyre—wheel rotation with Tespect to the contact patch. Th

axle hop vibration mode is also shown at approximately 25 Hz. This is higher than normall 0.08 e = 0.03
observed (10-15 Hz) because the model only includes the wheel and the tyre, but not the axle:: ~=- =005
In both cases, the rolling resistance returns to the static value once past the resonances, as: 0.05 == =007 ||
expected. ‘ — n=01
The results are highly dependent on the value of 17 chosen, which also has a great degree.
of uncertainty associated. The value of 0.1 in the Literature seems to be based on car (radial L_L-" 0.04 e —
tyres. It is possible that truck tyres, because of their different design and substantially highe we :
loads, will exhibit different values of . The effect of 7 on rolling resistance is considered in 8
figure 4, using the dynamic tyre stiffness from the flexible 1ing model. The results show tha ,§ 0.03 —
increasing 1 has the effect of increasing the amplitude of both resonances. = :
2 o 4
T 002 :
Table 1. Parameter values for the adopted model using a Dunlop tyre SP241 385/65R22.5. @ :
3 A Cre M) Cr@m™) n@ re@ V,&mk") Rp(mw 0.01 -
00 641x107  221x10°  766x10° 0536 0525 40 15 .
ro(m)  wg{ads™) (%) % m 20 D T 50
Flexible-ting model 0.512 106.5 522 Frequency [Hz]
Mass—spring—dashpot arrangement 0.494 2.7 541

Figure 4. Influence of 7 on the ampliride of dynamic rolling resistance.
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3.2 Discussion of other models

0.01 T T T T

In order to decide which model is best suited to rolling resistance calculations under a dynam:| 0.009
vertical load, the amplitudes predicted from three models are compared in figure 5. For furth
details of the Segel-Lu model, as well as Zegelaar’s model, the reader should refer to [1] uN 0.008

At low frequencies (figure 5(b)), alt the models considered agree well, except the Segel-) ~. 6.007F
model combined with the dynamic tyre stiffness from the flexible ring model. This is du, ri
a discrepancy in the static tyre stiffness predicted by the flexible-ring model and the mag £ 0.006
spring-dashpot arrangement. As the frequency increases, the axle hop vibration is shown’h _:"'Z
g 0.085
(@ 012 £ 0.004
g
1 g 0003 _
= —— Experimental data
W 0.002¢ - . gegel and Lu's model with mass-spring=dashpot [~ 7
- — Segel and Lu’s model with flexible ring model
w* .4, 00014} . -.~ Pacejka's model [ T
§ Zegelalar’s model J : N
2 - % 1 2 3 4 5
F Frequency [Hz]
% 004 et _ Figure 6. Comparison of mean rolling resistance with experimental data.
¢
0.020-- “models except Zegelaar’s model. This is because Zegelaar’s model does not include any
cal tyre stiffness; therefore no resonance occurs. Only Pacejka’s model is able to predict
e 5 il Tesonance due to the tyre-wheel rotation with respect to the contact patch. Zegelaar’s
0 — . :E'_"""" 3’; 5 ol odel gives unlikely levels of rolling resistance at high frequencies, because of an exponential
Frequency [Hz] ponent in the mathematical formulation of the model [11].
figure 6, the mean rolling resistance predicted by the three models is compared with the
(b} 0.01 perimental data from Popov ez al. {7] (which was corrected for the drum curvanare by a
tor 1 + (r/ Rp) [2], where Rp is the drum radius). Only Pacejka’s model is able to predict a
0.009 ean rolling reststance equal to the measured value, but after selecting A, appropriatety. The
b.008 Segel-Lu model gives 2 mean rofling resistance which is either too large (when using 2 mass—
N : ring—dashpot arrangement) or too small (when using the dynamic tyre from the flexible-ring
[l ¥, odel). Zegelaar's model gives a mean rolling resistance half the measured value. This is due
'f;* 0,006 ' 0.an exponential component in the mathematical formulation of the model (see [11] for further
§ planation).
% B05E e e Overall, Pacejka’s model is the only approach able to match the experimental results (at
i 0.004 ow frequencies) and to predict the important features of tyre dynamics and tyre-road contact
£ ; ; mechanics. Italso takes into account the fact that the vertical load consists of a static component
& 0003 : d a dynamic component superimposed on it. Finally, it is the only moedel for which the
0.002 : amplitud:s at high frequencies return to the static value corresponding to steady rolling, There
: 5 some doubt as to the appropriate value for n but, even when using directly the available
0.001 ; ; vatue from the literature on car tyres, the results remain reasonable.
| i 1
00 2 4 ;] ' 10

Frequency [Hz}

. . . . 4. i
Figure 5. Comparison of rolling resistance amplitude under dynamic vertical load using three different models: Conclusions

Pacejka’s model with fexible ting model ( » Pacejka’s model with mass—spring-d ’

: —h g-damper (-~ ), Zegelaas's
model (-=-~+). Segel and Lu's model with fexible ring model (—E&—), Segel and Lu's mod§[ with
mass-spring~damper (--- -+ ). (a) Over a large frequency range; (b) at low frequencies.

(1) Three tyre models were compared for the prediction of the rolling resistance under a
dynamic vertical load, The model that gave the best resuits [9] was detailed.
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(2) A critical comparison of the inodels showed that they agree reasonably well ag log
frequencies (0~10Hz) but exhibit very different characteristics at higher frequencis
(10-50Hz).

(3) Pacejka’s model was found ro be mostly appropriate for calculating the rolling resistan,
under a dynamic vertical load, based on the available experimental data, despite the lag
of a physical mechanism for describing the static rolling resistance. '

(4) In order to make a more definite recommendation, more experimental data would b
required at higher frequencies. However, it was noted that reliably generating a dynam
vertical load above 6 Hz is difficult, which makes the validation of a tyre model at highe;
frequencies challenging.

Modelling of vibration damping in pneumatic tyres
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The paper deals with the measurement, identificatior and modelling of vibration damping in heavy
vehicle tyres. Recent developments in vibration analysis are applied in order to extend the damping
modelling to more general cases than viscous or hysteretic damping models based ca a dissipation
matcix. Both the general first-order state-space approach and the secopd-order small-damping method
are critically reviewed. A general procedure for darping identification is developed and implemented.
The only limitation to this procedure is that structuzal linezrity and reciprocity should be satisfied; this
has been adequately proven for pneumatic tyres. The best theoretical results have been achieved by
assuming non-proportional viscous damping in the tyre and through the application of modal analysis
technigues based on complex-valued modes.

References
Keywords: Pneumatic tyres; Damping identification; Modal analysis; Non-proportional viscous

{1} Schuring, DD.J. and Redfield, 1.8., 1982, Effect of tire relling loss on fuel consumption of trucks. SAE pape
k damping; Complex modes; Tyre moedelling

821267, Society of Automotive Engineers, New York, pp. 40864095,

[2] Schuring, D.J., 1980, The relling Joss of pneumatic tires. Rubber Chemistry and Technology, 53(3), 60072

[3] Popov, A.A., Cole, D.J., Cebon, D. and Winkler, C.B.,,1995, Enérgi-loss in truck tyres and snspensions, In
Proceedings of the 16th IAVSD Symposiwm on the Dynamics of Vehicles on Roads and Tracks Pretoria, South
Africa, Vehicle System Dynamics, Supplement, 33, 516-527. !

[4] Segel, L. and L, X.P, 1982, Vehicular resistance to motion as influenced by road roughness and highway
alignment, Australian Road Research Board, 12(4), 211-222.

[3]1 Klingbeil, W.W., 1980, Theoretical prediction of test variable effects, including twit-rolls, on rolling resistar:
SAE paper 800088, Society of Antomotive Engineers, New York, pp. 1-25.

[6] Klingbeil, W.W., Hong, S.W., Kienfe, R.N. and Witt, H.-W.H., 1983, Theoretical and experimental analysis
of dual-compound tread designs for reduced rolling resistance. American Chemical Society, Rubber Division
Symposia, 1, 299362, :

[7] Popov, A.A., Cole, D.J., Winkler, C.B. and Cebon, D, 2003, Laboratory measurements of rolling resistance
in truck tyres under dynamic vertical load. Proceedings of the Institution of Mechanical Engingers, Part D:
Journal of Awtomebile Engineering, 217(12), 1071-1079,

[8] Pottinger, M.G., Pelz, W., Tapia, G.A. and Winkler, C.B., 1996, A free-rolling comering test for heavy-duty
truck tires. Tire Science and Techrology, 24(2), 153-180.

[9] Pacejka, H.B., 2002, Tyre and Vehicle Dynamics (Oxford: Butterworth-Heinemann). i

£10] Zegelaar, EW.A., 1998, The dynamic response of tyres to brake torque variations and road upevencesses. PhDD
thesis, Dett University of Technology, Delfz, The Netherlands.

[21] Migge, A.LP. and Papov, A A., 2004, Track tyre modelling for rolling resistance calculations under dynamic
vertical Joad. (Submitted). :

[12] Geng, 8., 1993, A study of in-plane dynamics of tyres. PhD) thesis, Delft University of Technology, Delit, The
Netherlands. ’

[13] Winkler, C.B., 1998, Private communication.

[14] Thorvald, B., 1998, On truck tyre modelling. PhI} thesis, Kung! Tekniska Hogskolan (Royat Institute of
Techaology), Stockholm, Sweden. N

Infroduction

e interaction between a tyre and the road, together with the interaction between a tyre and
e surrounding air, leads to a multitude of noises and vibrations [1]. Since tyre dynamics
¢ central to the transmission and dissipation of vibrational and acoustical energy, one can
reasonably argue that tyre damping is essential for the underlying physical phenomena. How-
er, the role of tyre damping in vehicle dynamics is somewhat overshadowed by other factors
which are thought to be of more importance. For example, the vehicle designer relies mostly
on damping in the shock absorbers in the low-frequency range and on dissipation of scund
ergy in the vehicle body within the audible-frequency range.
A good balance in model complexity between a tyre and a vehicle is needed to obtain
efficient and accurate vehicle simulations. It is relatively easy to measure or calculate the
inertia and stiffness properties of a tyre; however, the accurate determination of damping
! parameters curtenily presents an unsolved problem.
Damping is the removal of energy from a vibrating system {2]. The energy lost is either
transmitted away from the systern by some mechanism of radiation or dissipated within the
system. All structures exhibit vibration damping but, despite a large body of literature on
the subject, damping remains one of the least well-understood aspects of vibratior analysis.
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It so happens that damping forces are usually smatl in magnimde when compared with other Hiz, Charge | |
interactions in a mechanical system but play an important role in the dynamic response Accelerometer amplifier NI 4551
yet their mathematical description remains much more complicated, Thers is a fundamenta] Ch*;?ge ! (32 bin
problem because it is not in general clear which state variables govern the damping forces. Smpher

A widely used damping model, originated by Lord Rayleigh [3], assumes that instantaneous _ S PG
generalized velocities are the only relevant state variables which determine the damping forces Haa Shker generator |
this is the celebrated ‘viscous damping’ model. It leads to 2 description of damping behaviour ¥
by z dissipation matrix, directly analogous to the mass and stiffness matrices of structural Fower
mechanics. A step farther in the idealization, also introdnced by Rayleigh, is to assume the Force gauge “amplifier

damping matrix to be a linear combination of the mass and stiffness matrices, the so-called
proportional damping. Under this assumption the frequencies and modes of vibration for the
systern under investigation have real values. There is no obvious reason to expect physical
systems to exhibit proportional damping, and complex modes of vibration shonld be regarded
as the norm; complex modes of vibration arise even with viscous damping provided that it
is non-proportional.

There is a variety of tyre models in the literature with different levels of complexity, ranging
from a simple spring-damper element (single point contact) through flexible-ring-type models
to detailed finite-element simulations (see [4] for an account). Tn all these models, when
damping effects were included, they were almost invariably of the equivalent proportional
viscous damping type. Moreover, damping values as high as 10% of critical damping have
been reported and used for vehicle simulations [1, 51. On the other hand, in studies mainly
concerned with the performance of avtomotive suspensions, the whole amount of chassis
damping was considered to arise from the shock absorbers under the assumption that tyre
damping is much smaller in magnitude than suspensmn dampmg (see, for example, [6]).
Other researchers in the area [7] disagreed with this assumption and argued that a separate
consideration of tyre damping is essential because tyre demping is responsible for the coupling
between sprung and unsprung mass maotions at the wheel-hop frequency.

Assuining the damping matrix to be of non-proportional viscous type, then direct decoupling
of the second-order differential equations of structural dynamics is impossible, Generally, the -
first-order state-space appreach {8] becomes the only feasible method, Woodhouse [9] showed
that, for small damping, models of damping can be obtained by using directly the second-order
differential equations of structural dynamics, employing a first-order perturbaticn expansion
based on the undamped modes and natural frequencies. A method was proposed to obtain
damping models from complex mode shapes and frequencies of vibration (10, and the fea-
sibility of this approach was demonstrated on idealized linear arrays of damped spring-mass
oscillators. However, it was not clear whether this approach was applicable to experimental
data obtained for complex real structures. This important issue is addressed here in an attempt
to employ the new theoretical results to the pneumatic tyre.

Figure i. Modal testing set-up for a Duntop truck tyre SP341 295/80R22.5: PC, persontal computer.

pplied in the radial direction, since only in-plane modes of tyre ‘vibration were of interest.
imultaneous generation of excitation and acquisition of vibration response were performed
flirough one National Instruments NI 4551 board [12]. The date were subsequently analysed
Wwith purpose-written programs in MATLAB [13].

The tyre used was a conventional single truck tyre Dunlop SP341 295/80R22.5, tested under
different inflation pressures.

A large set of measurements was made to check for the linearity and reciprocity of tyre
tructure [14, 15], Linearity was proven by exciting the tyre with harmonic loading of different
magnitudes. Reciprocity was observed to a sufficient accuracy on the ensemble-averaged
frequency response functions (FRFs). These initial checks for linearity and reciprocity justified
model with & symmetric damping matrix [9].

Procedures of modal analysis

'In modal testing and analysis (see, for example, [8,11]), any linear system with damping
_proportional only to velocities can be represented by a finite number & of degrees of freedom
and a second-order differential equation of motion

[MIEO} +CHEOY+ [K]{x (0} = {(F (O}, m

where [M], [C] and { K] are the mass, dissipation (damping) and stiffness matrices respectively,
{x )} is the vector of generalized coordinates {radial tyre displacements in this particular case)
and {f (1)} is the vector of generalized forces driving the vibration {sxcitation force on the
~tyre by the shaker).

As a preliminary step towards the general analysis it can be assumed that the damping
matrix of the tyre can be simuitaneously diagonalized with the mass and stiffness matrices,
meaning that damping is taken as proportional. In this case, a standard procedure is to transform
equation (1) into the frequency domain and to decouple the equations of motion through a
transformation of the generalised coordinates into modal coordinates by the N x N modal
matrix [¢] = [{@1}, {¢2}. ..., {¢w}]. Here, the matrix columns represent the mode shapes
of the undamped system scaled for unit mass, or {¢h}" [M]{¢.} = [I] holds with [I] as
an N x N unit mairix, Under the assumption of propoertional viscous damping, the FRFs
commonly employed in modal testing and analysis [8, 11] are

2. Experimental measurements

A rig for tyre testing was designed, manufactured and commissioned (figure 1). The wheel
was rigidly attached to a seismic table. The preumatic tyre was only in contact with the
wheel and could perform free vibrations in the frequency range of interest, up to 200 Hz.
The experimental techniques employed were as follows: excitation by a shaker with a chirp-

sweeping input {111, and measurement by accelerometer positioned at 16 equally spaced X, N Binth
points afong the central circumference of the tyre. During the measurements the tip of the Hj (o) = =L @ _ Z R A ka , jk=1,...,N. (&
drive rod and the accelerometer were glued to the surface of the tyre. The excitation was Filw) i an — o + 12w .
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Vehicle-road interaction modelling for estimation of
contact forces
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tLaboratoire de Robotique de Versailles, Université de Versailles, 10 avenue de I’Europe,
78140 Vélizy, France

:3Laboratoire Central des Ponts et Chaussées, Centre de Nantes, route de Bouaye, BP 4129-44341,

44 Bouguenais Cedex, France

The main objective of this paper deals with appropriate modelling (of 2 vehicle and the tyre-road
contact) for online estimation of contact forces. This model will be helpful for trajectory monitoring, for
steering control and also for diagnosis to avoid accidents or detection of oversteering or understeering
sitnations. A robust observer is developed for adaptive estimation of the contact forces.

Keywords: Vehicle—road interaction model; Robust observers; Variable-stucnuse systems; Sliding
modes; Adaptive estimation and identification

iy

1. Introduction

Recently, many analytical and experimental studies have been performed on the estimation of
friction and contact forces between tyres ard road. The latter affect the vehicle performance
and behaviour properties. Thus for the analysis of vehicles and road safety it is necessary to take
into account the contact force characteristics. However, forces and road friction are difficult
to measure directly and complex to represent precisely by some deterministic equations.
The tyre models encountered are complex and depend on several factors (such as load,
tyre pressure and environmental characteristics). This makes the forces and parameters dif-
: ficult to estimate cnline, for vehicle control applications, detection and driving monitoring
and surveillance, In the literature, their values are often deduced using some experimentally
approximated models [1-3]. Knowledge of the tyre forces is essential for advanced vehicle
control sysiems such as antifock braking systems, traction control systems and electronic
stability programs [4—6].
In this paper, modelling of the contact forces and interactions between a vehicle and road
is studied with the objective of online force estimation by means of robust observers [7]
coupled with a robust estimation of contact forces. We use a simple vehicle representation
well coupled with an appropriate wheel-road contact model in order to estimate contact forces
online. We propose an observer to estimate the vehicle state and an estimator for identification
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of tyre forces. The designed observer is based on the sliding-mode approach [8]. The
cogtribution is the oaline estimation of the tyre force needed for control.
The paper is organized as follows: section 2 deals with modelling of the vehicle and con
The design of the observer is presented in secticn 3 and some results about the states observatis
are presented in section 4. Some remarks and perspectives are given in the conclusio
section 5.

P

Figure 2. Bicycle model

2. Vehicle dynamics and road interactions Fr and Fyp denote the longitudinal and the lateral forces respectively on the front wheels.

F,, and Fy, denote the longitudinal and the lateral forces respectively on the rear wheels. We
note by 5; the front-wheel steer angle (§; = 0). The parameters [, and I denote the distance
between the centre of gravity of the vehicle and the front and the rear axis respectively. The
wheel angular motion is given by

In the literature, many studies deal with vehicle modelling [9, 10]. These are complex ang
nonlinear systems (figure 1). The complete models are difficult to use in control applications
Most applications deal with simplified and partial models [11, 12]. We-propose to consider
model that takes into account the contact effects (longitudinal-lateral) as inputs for the vehig]

: 1 '
dynamics. wp = 7 (Tz — reFar) @
t

2.1 Model of vehicle dynamics @ = 1 (=7 Fy). : (3
J:

The first part of the model considered here is known as the bicycle model [11, 12]. It represen

the longitudinal, lateral and yawing motions and the wheels’ rotational motion. The two fro

wheels are grouped into one equivalent and similarly for the two rear wheels. We derive thi

simplified expression (figure 2) under the following assumptions.

wg = & and @, = d, are the rotation velocities of the front and rear wheel respectively. 77 and
r¢ denote the dynamic rays (front and rear respectively). Jr and J. denote the inertias of the
front and the rear wheels respectively. We denote by 73 and 7; the motor torques applied on
the front and rear wheels respectively.

Coupling dynamic equations with an appropriate force description is a fairly good repre-
sentation of the vehicle behaviour. The model considered in equations {1)—(3) needs to be
compieted by adding the interactions between the road and the wheels.

(i) The epicentre is assumed to be at the road level,
(if) The roll, pitch and vertical motions are neglected.
(iii) The road is assumed to be perfectly flat.
(iv) The influence of aerodynamic side forces is neglected.

Tn what follows, the subscripts f and r denote the front and rear wheels respectively, Tﬁc_ 2.2 Modelling of tyre contact

resulting equations of the simplified vehicle model are .
Several models have been proposed for tyre contact. Most of these are empirical and depend

on experimental parameters and measurement conditions. The meotivation of these studies
was to improve understanding of the tyre behaviour with respect to experimental results and
then to include it in vehicle dynamic simulations. As an example, the most popular mode] is
that of Pacejka and Besseling [13], namely the ‘magic formula’ model, We can cite also as
examples the coefficient-of-longitudinal-friction model [14] or the model of Gipser et al. [15].
Other models are based on expression of the distortions of the tyre and forces (static). The
analytical models use a mechanical interpretation of the distortions of the tire and are based
on elasticity [1, 6]. Recently many studies have considered the behaviour of the tyre in rapid
transient manoceuvres such as cornering on uneven roads, brake torque variation and oscillatory,
steering. These studies deal with transients in tyre force and use the concept of relaxation
length to take into account the deformations in the contact patch which are responsible for
the lag in the response to lateral and longitudinal slip. The concept of relaxation length has
been formulated particalarly for the lateral dynamics to model transient tyre behaviour. This
concept has been adapted for longitadinal dynamics. Pure longitudinal slip can be represented
by a first-order relaxation. The slip stiffness is defined as the local derivative of the stationary
tyre force—slip characteristic (figare 3): C, = 8F /0.

m"fx = Fyrcos(8¢) — F_yf sin(dg) + Fir,
mVy = Fe sin(8) + Fye cos(dr) + Fiy,
Jo¥ = Farle sinde) + Fyely cos(3r) — L Fiy.

yf

- 221 Laterai dynamics and transient phenomenon. The dynamic behaviour of the trans-
verse distortion has been the subject of several studies [1, 13, 16]. Pacefka and Besseling [13]
described, by a first order model, the variations in the lateral strength and the moment of

Figure 1. Vehicle reference coordinate system.
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-2.2.3 Contact equations. Finally, the model can be represented, during the acceleration
phase, by

=1
R V, Ve C Cy
az Fp=——= xf+_Fxf0+_xV — —=rrer,
& o ol
=]
2 . V. V C C
g Fxr=__Fxr+_Fxr0+'—xV _a__xrrwr,
.: . Ir (6)
= .
% F«"'f'_ yVy__Fyf+ xFyfov
k= g, v
= Fyr:"lvy__xFyr'i' Fyra
<
—

2.2.4 Vehicle-road interaction model. Let us define the following state variables. x) =
{x, v, ¥, o, o) is the position vector and x; = (V,, vy, ¥, o, we)T is the velocity vector.
The force vector is denoted x3 = (Fyg, Far, Fyr, Fyr) ™

The model can then be written in the state form as follows:

k)

¢ Longitudinal wheel slip

Figure 3. Force-slip characteristic

.‘if; =Xz
i = (U + BU o)
i3 = W(xs,x3)©

auto-alignment in the presence of weak values of the slip angle, while using the notion of th
relaxation length, To illustrate the concept of the relaxation length, let us consider the dynami
variations in lateral sirength F, in the case of weak rates of slip. Suppose that the variation
the vertical strength is weak or that the force derivative is null: F, = 0 Then the variation in

F,, is associated with a variation in the lateral speed of the contact where
- Vey. So, to describe the transient, the variation in F;, is represente y a differential ﬁ.rst—ord - cos(d:) 1 — sin(8p) -
equation as follows: T om T 0 )
Oyt VaFy =GV, i=fir @ sinl) . cos@) 1 O
. . m m m 3¢
where C, is the rigidity of the lateral slip and o, represents the refaxation length. This char Ir sin(Sr) Ieos(d) i ¢ 0 0
acterizes the behaviour around F, = 0 at lateral force variation. We can extend the equatio] W) = 7 0 5 Il B= 1 0 and U = | T
to the case of large slips to obtain _:_f . : : 0 A T.
— 0 0 0 1
A o 0 —=
G'yl vi = — Ve (Fyi — Fio) + Cyvy, i=f,r ( ) ~r. - T
. 0 - 0 0
L A .

The unknown nominal parameters Fy; are the intersection of the tangent line 3 F,; /82,

and force axis F;. The regression matrix W (x2, x5} is defined as follows, with A1 = Cyx3; — x31%3; — Cepxog

and Ag = CrX21 — xa3x33 — Crrekos:

. ' - A 0 xm O 0 0 0 0
2,22 Longitudinal dynamics and transient phenomenen. By anafogy, the notion 0 Az 0 xn o 0 0 0
relaxation length is used to describe the longitudinal dynamics. Clover and Bernard [3] pre Panxs)=|45 g o ¢ Cyxa — X33 0 xn 0
sen.tec-l the variations in the slip rate by a first-order differential eq].lation. The.longitudinél 6o 0 0 0 o Cy¥sm = xaaxn 0 x
variation can be represented by the first-order model as foHows: during the braking,
In the model expression, we can introduce the parameters © = (0;, &2, 03, 94, s, 5, &7, 62)7
0B = —Ve(Fu = Fao) + Cx(Vy —riaw), i=f,1 as follows:
1 Feto 1 Feo 1
. . =—, = =—, O= , o O =—,
and, during the acceleration, % o b o b Ol ¢ O ’ i
. : 8 Fyro 8 = 1 B = Fro
OxiFyi = —1ri(Fri ~ Fuo) + Co(Vy ~rieg), i=1,1. o O Oy
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3. Adaptive estimation of tyre forces

3.1 Expression for the robust observer

The state vector is x = (x1, X2, x3) and the outputy = x; (y € R?) is the vector of meas
outputs of the system. To estimate both forces and velocities we propose the following obsery
based on the sliding-mode approach {1, 81:

= QUUNE; + BU + By sgn (xp — 1),
¥ = U(E, %20 + H; sgu (v, — %),

where %; represent the observed state vectors, ¥; = xz — %3 are X3 = x3 — X3 are the g
estimation ertors. The observer gains H; and the unknown parameter vector ® will be defing;
hereafter. The dynamics of the estimation errors can be writtenas  ~

%, = QU)T; ~ Hz sgn @),
%5 = Wy, 23)0 — W(E, F)O — H; sgn @)
In this observer we consider in fact only estimation of x; and x3 and the partial state x| can:

obtained by integration of ¥;. The estimation error wilt be bounded, owing to the integrati
constant. :

3.2 Convergence analysis

In order to stdy the observer stability, let us considef first

1 ~
Vz = E}g * X

e-following Lyapunov func

The time derivative of V3 is given by Va =1 - ¥,. According to equation (9), we can writ
V2 =37 - [RU)F; — Ha sgn (F)] =73, - RUIF; — %] - Hz sgn (7).

The involved forces are bounded, owing to limitation of the system power. The a pric
estimation ¥; is also bounded. Then we can consider that || ¥5{ < g; w is a positive finit
constant. By chosing a positive matrix Hy (Hy > p£2) we have Vz < 0; the surface X; =

is then attractive, leading ¥ to converge towards x; in a finite time # [7, 81. Moreover, ‘Gi
average we have fz = 0¥t > &. Consequently we can deduce that, on average,

QU)F; — Ha sgn (Br) = 0 —» %5 = QUYTHy sgn (7).
where (U is a pseudo-inverse matrix. Now, let us consider a second Lyapunov functio

1 — -
V3=§:€'I3- (2

The time derivative is given by V3 =3 X3 =%] - [W(xs,%2)® — lIJ(fz,'fg)é
H; sgn (¥3)]. From equation (9}, Vs becomes Vi3 = [R(U)YTH; sgn ED1T - [Wixp, x4)O
W (%, %3)0 — H; sgn ()] where [|[¥(x2,%2)@ — ¥(%;,%3)8| < . By considering th
choice of gain H3 » f we finally obtain 13 <0. So ¥, goes to zero in finite time &
Then, ¥ — 0 therefore, ¥ (x2, x2)® — U(%,%3)© — H; sgn (F2) — 0. Because ¥, = 0 ant
%3 =0 ¥t > 1, we then have W{xa, x3) = ¥(¥,%;) and therefore W(x,, x3)(© — 9)

H; sgn (32).
So we can conclude that the parameters can also by retrieved by construction:

@=0+ Wixy, x2) " Hs sgneq(fg).

Simulation results
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In this section, we give some results in order to test and validate our approach and the proposed
bserver. In the simulation, the forces are generated by use of the ‘magic formula’ tyre model.

The steering angle applied is shown in figure 4. Figures 5 and 6 show the convergence of the
sstimated state vectors to their actual value in finite time. In figure 7 we show the asymptotic

/ Stwering Angle

= ts)

11

1Q

Figure 5. Estimated and measured states.

0.0=

0.0z

a.ai1

=001

Figure 6. Estimated and measured states.
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Figure 7. Estimated and measured forces,

convergence of the tyre force to actual values. “The performance of the sliding-mode obsery
is satisfactory. The simulation results show that the adaptive observer is robust with resp
10 parameters and model uncertainties and to the changes in the road conditions.

5. Conclusion

In this paper, we have developed a new estimation method for a vehicle-dynamics-based
sliding-mode observer and an adequate simplified model. Sl.mulation esults are presented
illustrate the ability of this approach to give estimation of both vehicle states and tyre forces,
The robustness of the sliding-mode observer versus uncertainties in the model parameters has
also been emphasized in simulation, This method will be applied to an instrumented vehicle
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Tigure 22. Cleat run result (F).
Lateral stiffness and contact geometry results are given in figures 15-17.
Pure-longitudinal slip and pure-lateral slip results are given in figures 18-20.

Cleat run results are given in figures 21 and 22. .

5. Conclusion

The selected results effectively span the range of static, stationary and transient applications,
Without showing all the identification results used, very good agreement could be reached for |
both the static and the transient behaviours. Both of these categories have a high impact on
typicat comfort and durability applications and are the main focus of the LMS CDTire model.
family. This is also reflected in the discussed parameter identification procedure, showing the
applicability of the LMS CDTire Parameter Identification software with generally satisfactory -
results.

For the stationary tyre behaviour the generated results are also acceptable for typical comdfort
and durability applications. The accuracy for these slip simulations depends heavily not only -
on the tyre model and its parameters, but also on the test rig itself, in both the simulation and
the measurement set-up.
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Identification of Pacejka’s scaling factors from
full-scale experimental tests

D. AROSIO*T, F. BRAGHINY, F. CHELIt and E. SABBIONIY

TPirelli Paeumatici S.p.A., Tyre and Vehicle System, Milan, Ttaly
{Politecnico di Milane, Mechanical Engineering Department, Milan, Ttaly

A set of scaling factors has been introduced by Pacejka into his ‘weagic formula’ tyre model to take
into account the influence of a number of external overall parameters such as road roughness, weather
conditions and suspension characteristics. These scaling factors are important for a correct prediction of
tyre~road contact forces but are not a function of the tyre itself. From a different point of view, one could
say that scaling factors should remain constant for different tyres on the same circuit, with the same
weather conditions and with the same car. After having characterized different tyres through indoor tests
(which do not consider external overall parameters) and after having identified Pacejka’s cosfficients
with scaling factors assumed to be one, several outdoor experimental tests have been carried out to
determine the influence of vehicle and oad surface conditions on scaling factors. These experimental
datz allowed us to identify, through a minimization approach, the ‘best’ set of Pacejka’s scaling factors
for that vehicle and that tyre on that track. Scaling factors for the same track and vehicle but for different
tyres were compared to check whether their values remained constant. All experimental data skown in
this paper comes from tests cacried out within the VERTEC project {vehicle, road, tyre ard electronic
control systems interaction: increasing active vehicle safety by means of a fully integrated model for
behaviour prediction in potentially dangerous situations) (official contract GIRD-CT-2002-00803), a
European funded research project that puts together knowledge from vehicle manufacturers (Volvo,
Parsche and (CRF}}, tyre manufacturers (Pirelli and Nolkian Tyres), control logic manufacturers (Eucas
Varity GmbH), road maintenance experts (CETE), iransport research organizations (TRL) and (VTT)
and universities (HUT) and {UNIFI)). The results shown in this paper are obiained by tests performed
during tasks 2a (Reference tyre characterizations and tests) and 2b (Development and validation of
tyre—pavement interaction model) of VERTEC project. The partners involved in these tasks are Pirelli,
Nokian, Porsche, CRE, CETE, VTT, HUT and UNIFI

Keywords: Tyre-toad contact forces; “Magic formula’ tyre model; Pacejka’s scaling factors; Indoor
tyre testing; Outdoor tyre testing

1. Introduction

Pacejka’s ‘magic formula’ (MF) tyre model is an empirical model; that is, it is a convenient
set of analytical formulae-that interpolates measured tyre data rather than modelling the tyre
structure itself. To scale the formulae as a function of the vehicle’s and/or the road char-
acteristics and/or the weather conditions without changing the values of MF coefficients,
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26 scaling factors have been introduced. Thus, the only feasible way to identify the values
scaling factors is to carry out futl-scale outdoor experimental tests.
The identification of these scaling factors can be carried out by two methods.

(i} For each test, a different set of MF coefficients can be identified, forcing scaling factirg
to be equal to one; then, a test must be chosen as a reference; the scaling factors can
be obtained by dividing the values of the MF coefficients identified in each test by the
corresponding reference values.

(ii) A reference testis chosen; the values of the MF coefficients are 1dent1ﬁed only for this tg
(the scaling factors are assumed to be one); for all the other tests only the scaling factays
are identified, assuming constant MF coefficient values.

Since different sets of MF coefficient values may all give good identification results (non:
uniqueness of the identification procedure), method (i) may lead to high dispersion in
values of the scaling factors that is only due to the identification process. For this reason’
method (ii) is chosen in the present work. '

Scaling factors can be directly identified from experimental data if (and only if) tyre forces
and moments are measured, for instance, using a dynamometric hub. Otherwise, an iterative
identification procedure based on a multibody (MB) model is necessary to determine the scaj:
ing factors. However, uncertainties and approximations in the MB model may be interpreted
variation of scaling factors, thus giving rise to a higher dispersion in their values. In the present
work, experimental tests were carried out with a dynamometric hub to avoid this problem.

As already stated, reference values of MF coefficients can be determined from any exper-
imental test both outdoors and indoors. However, since outdeor tests are more affected by
weather conditions, indoor tests are more highly respected. The identifiéation of reference val-
ues of MF coefficients was therefore based on experimental tests carried out under laboratory
conditions.

2. Experimental tests

The aim of the work is to investigate the influence of the road surface and weather conditions
and of the test vehicle on the values of the scaling factors and to check whether their values
are independent from the tyre. Thus, outdoor experiments, performed by (VTT) and Nokian
Tyres for task 2a of the VERTEC project, were carred out using two different test vehicles
(VII's BV12 B and Nokian Tyres’ test vehicles) at different speeds, equipped with five com-
pletely different passenger car tyres (different sizes, different characteristics, different wear
conditions, new and worn, and built by different manufacturers, Nokian and Pirelli) on five
different road surfaces {dry asphalt, wet asphalt, rough ice, smooth ice and snow). The tested
passenger car tyres are described in table 1. In the following, every tyre will be referred to by ;
the abbreviations given in table 1.

2.1 Indoor experimental tests

Indoor tests were carried out by Pirelli on MTS Flat-Trac® 1T, varying the radial load, the slip
angle, the longitudinal slippage and the camber angle. During these tests, tyre contact forces .
{longitedinal force, lateral force, vertical force, overtuming torque, spindte torque and self- -
aligning torque) as well as loaded radius, slip angle and longitudinal slippage were precisely

Tin this work, ME tyre version 2002 is considered [2].
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Table 1. Tested passenger car tyres.
Preducer Name Abbreviation  Status Measure Description
Pirelli P791V PAN New 205 60 R15 All-season tyre
Pirelli P7O1V DN New 195 65R15 All-season tyre
Nokian Hakka Q NBN New 20560 R15 Winter tyre (studless}
Nokjan WR NCN New 20560R15  Central European winter tyre
Nokian WR NCW Wom 20560R15  Central European winter tyre

measured. The testing conditions used to characterise the five tyres are shown in table 2. All
tests were performed at 22ms~' and an inflation pressure of 2.2 bar.

Experimental test data are then used to identify the reference values of MF coefficients for
the five tyres. During this identification procedure, based on a minimizaticn approach, scaling
factors are assumed to be constant and equal to one.

As an example, figure 1 shows the comparison between experimental data (dotted curves}
and the fitted MF tyre model (solid curves) for combined-slip tests carried out at a vertical load
3500N of for six different slip angles (££1°, £3° and £:9°). A very good agreement between
the experimental data and the fitted MF tyre model can be seen.

2.2 Outdoor experimental tests

VTiand Nokian Tyres performed outdoor tests, using their test vehicles, in order to investigate
the tyres’ behaviour on different road surfaces. In particular, five tracks were considered: dry
asphalt, wet asphalt, smooth ice, rough ice and snow.

2.2.1 VTI outdoor tests. VTI's test vehicle BV12 B 3], shown in figure 2, is a two-
axle Scania LB80 truck equipped with a test facility for passenger car tyres. The tyre under
testing can be both driven and braked since its axle may be connected alternatively to the
drive shaft of the truck via a continuously variable V-belt gear box and a two-step gearbox
or to a disc brake. The two gearboxes allow constant- or variable-slip measurements in the

Table 2. Indoor tests performed by Pirelli (VERTEC project).

Pure-longimdinal test
Tyre PAN PDN NCN NCW NBN
Slip ratio & (%) +50 +50 450 +50 +50
Camber angle y (deg) -~2,0,2 -2,0,2 0 ¢ 4]
Vertical load F; (kN) 2,33,5 2,35,5 2,355 2,35,5 2,35,5
Pare-cornering test
Slip angle o (deg) =15 X15 =15 +15 +15
Camber angle y (deg) -2,0,2 -2,0,2 i} 0 0
Vertical load F, (kN) 2,35,5 2,35,5 2,355 2,355 2,355
Combined-slip tast
Slip ratio « (%) +50 %50 +50 +50 +50
Slip angle o (deg) ~9, 3, -6,-1, -9,-3,-6,-1,1, -9,-3,-1, -9,-3,-1, -9,-3.-1.
1,3,6,9 36,9 1,6 1,6 1,6
Camber angle y (deg) -2,0,2 —-2,0,2 0 ] 0
Vertical load F; (kIN) 2,3.5,5 2,355 2,3.5,5 2,3.5,5 2,3.5,5
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Figure 1. Comparison between experimental data and the fitted MF tyre model: friction circle diagram at a vertic;
load of 3500 N.

range 0—50%. The disc brake is normally used for locked-wheel braking tests but it could also
be used for variable-braking-slip measurements. The slip angle of the tyre under testing can
be continuously varied in the range 15 and combined testing conditions are allowed. Th
vertical load on the tyre under testing is applied by a hydraulic cylinder and can be varied:
from 1 to 6 kN. The maximum test speed is about 100 km 1. ‘The test vehicle is equipped
with a watering system that allows a water film of desired depth to be obtained. Tyre contact’
forces and moments are measured using & Kistler dynamometric hub.

Pure-braking tests, pure-cornering tests and corabined-slip tests were performed with sev-
eral wheel loads on dry asphalt, wet asphalt, smooth ice and rough ice. The different test
conditions are described in table 3.

22,2 Nokian Tyres’ outdoor tests. Nokian Tyres’ test vehicle [4], shown in figure 3,is 2
four-wheel drive Volkswagen LT van equipped with two test facilities for passenger car tyres
between the front and rear axles, The test facility on the right-hand side of the test vehicle -
allows both driving (through an hydraulic motor) and beaking slip measurements to be carried

Figure 2. VTI's BV12 B test vehicle.
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Table 3. Outdoor tests performed by VTI (YERTEC project),

Braking tests
Road surface Dry asphalt ~ Wetasphalt  Smoothice  Roughice
Slip ratio « (%) —100-¢ —100-0 —100-0 —100-0
Vertical load F, (kN) 2,4,6 2.4,6 34,5 3,4,5
Speed (kmh~!) 80 80, 40 30 30

Pure-comering tests

Slip angle o (deg) 0-10 0-10 0-10 0-10
Vertical load F, (ki) 2,4,6 2,4,6 3,4,5 3,4,5
Speed (kmh~F) 80 80, 40 30 30
Combined-slip tests
Slip ratic « (%) —100-0 —100-0 —100-0 —-100-0
Slip angle & (deg) 1,2,5,10 1,2,5,10 1,2,5,1¢ 1,2,5,10
Vertical Load Fy (kN) 2,4,6 24,6 3,45 3,4,5
Speed (kmh™1) 80 80, 40 30 30

Figure 3. Nokian Tyres’ test vehicle.

Table 4 {utdoor tests performed by Nokian Tyres

(VERTEC project).
Braking tests

Road surface ' Smooth ice Snow
Slip ratio x (%) —-100-0 -100-0
Vertical load F; (kIN) 3, 4,5 5, 4,5
Speed (kmh™1) 25 25

Pure-cornering tesis
Slip angle a (deg) 0-10 -0
Vertical load F, (kN) 3,4,5 3,4,5
Speed &kmh~1) 25 23
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out while that on the left-hand side allows only locked-wheel braking tests to be camried ou
For the right-hand side test facility the longitudinal slip can be adjusted between —100% an;
50%. The slip angles of both tyres under testing can be continuously varied between —5
and 15° and combined-testing conditions are allowed. The maximum slip angle frequency i
0.5 Hz. The vertical load on the tyres under testing is applied through hydraulic cylinder,
The maximwm test speed is about 100 km h~*. Tyre contact forces and moments are measure;
using a Kistler dynamometric hub.

Pure-braking tests and pure-cornering tests were performed with several wheel loads o
smooth ice and snow. The different test conditions are described in table 4. E

3. Identification of Pacejka’s scaling factors

Imposing constant values of MF coefficients (equal to the reference values identified fror
indoors tests), scaling factor values are identified through a minimization approach from
outdoor experimental tests. The minimization algorithin is a subspace trust region metho :
based on the interior-reflective Newton method {5]. ;

In the following, the results of the identification process for the scaling factors referring to
pure longitudinal force, to pure cornering force and to combined slip forces, will be presented”
in terms of mean, maximum and minimwm values as well as standard deviation for the five'
tyres considered.

The influence of the road surface, of the measurement vehicle and of the test vehicle speed‘
on the scaling factors value will also be investigated. f

i

a2

3.1. Pure-longitudinal-slip tests

The scaling factors referring io the pure longitudinal slip {2] are Az, Agx, Ao, Arx, s, Avz
and A,,. However, A, cannot be identified from the experimental data since nor are VIT's -
BV12 B and Nokian Tyres’ test vehicle able to perform tests with camber angles different
from zero.

Figures 4 and 5 show the comparison between experimental data (‘averaged’ measurement, -
dark grey curve) and fitted MF tyre model results (light grey curve) for a pure-braking test

Braking Test - Dry Asphalt

¢ \
— Experimental
1000 1= — Sealed
==== ot Scaled
2000
3000
=
4000
'S
-5000 [t ;i
R ",‘
6000 |— B 3
\\\ T l
7660 \ 7

-BOGO
-100 -80 -0 -40 ~20 1]
Longitudinal Siip [% ]

Figwe 4, PAN tyre: comparison between experimental data (‘averaged” measure) and fitted MF tyre model for a
pure longitudinal slip test on dry asphalt with a vertical load of 6000 N.
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Braking Test - Smeoth ice
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Figure 5. PAN tyre: comparison between experimental data (‘averaged’ measurement) and fitted MF tyre model
for a pure longitudinal slip test on smooth ice with a vertical load of 5000 M.

with a vertical load of 6000 N carried out on dry asphalt by VTI with 2 PAN tyre and for a
pure-braking test with a vertical load of S000N carried cut on smooth ice by Nokian with
the same tyre. Also the fitted MF tyre model results with unity scaling factors (black dashed

curve) are shown.
The MF tyre model with scaling factor values different from one fits the experimental

data well,

The influence of the road surface on the scaling factor values is investigated first. The mean
(grey square), maximuam and minimum (upper and lower limits of the vertical bars) values as
well as standard deviation of the scaling factors on dry asphalt, wet asphalt, smooth ice and
snow for the five considered tyres are shown in figares &, 7, 8 and 9 respectively. As expected,
the influence of the road surface is mostly seen on the peak friction scaling factor A, and on
the stiffness scaling factor Ax,; the value of these scaling factors decrease on going from high
friction (dry asphal) to very low friction {(smooth ice). It can be also noticed that the value of
the scaling factors are very close to one on dry and wet asphalts, indicating that the equivalent
road on MTS Flat-Trac® i has characteristics similar to real roads (micro-texture).

DRY ASPHALT
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Figure 7. Pure-longiaxdinal-slip tests: influence of the road surface, wet asphait (VTI; 80 kmh ™.

SMOOTH ICE
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Figure 9. Pure-longitudinal-slip tests: influence of the road surface, snow (Nokian; 25kmh~1).
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Figure 10. Pure-longitudinal-slip tests: influence of the test speed, 40kmh~! (VIT; wet asphait).

The dispersion of the scaling factors due to the road surface is very small in most cases,
except for the vertical scaling factors Avy and the horizontal shift scaling factor Au.. This
result can be explained by the fact that the identification was carried out considering only
pure-braking conditions. To determine Az, and Ay properly, both driving and braking char-
acteristics are necessary. Moreover shifts are usually very small. Therefore, to produce small
changes in the shape of the tyre characteristics curves, relative changes in their values are sig-
nificant, The shape factor A¢, is almost constant while the dispersion. of the curvature scaling
factor Ag, is very small on asphalt and increases on ice and snow.

The influence of the speed of the test vehicle is also analysed.

Figures 10 and 11 show the values of the scaling factors for pure-braking tests on wet asphalt

identified from the tests performed by VTT at 40km h~' and 80kmh™" respectively. Hardly

any difference between the values of the scaling factors can be noticed. It can therefore be

concluded that the speed of the test vehicle does not affect the values of the scaling factors.
Finally, the influence of the test vehicle is investigated. Figures 12 and 13 show the values of

the scaling factors for pure-braking tests on smooth ice identified from the tests performed by

WET ASPHALT - SPEED 80 KM/H

Figuze 11. Pure-longitudinal-slip tests: influence of the test speed, 80kmh ! (VTI; wet asphals).
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Figure 12. Pure-longitudinal-ship tests: influence of the test vehicle, VTT (smooth ice; 30kmh™?),

VTI and Nokian Tyres respectively. The trend is very simtilar, except for the above-mentioned
shift scaling factors and for the curvature scaling factor Ag;.

32 Pure-lateral-slip tests

The scaling factors referring to pure lateral slip [2] are Ay, Agy, &
Ago. Since neither VIT's BV12 B nor Nokian Tyres test f‘\'f;chicl'
tests with camber angles different from zero, A, cannot be identified from the experimental
data.

Figure 14 shows the comparison between experimental data (*averaged’ measurernent, dark
grey curve) and fitted MF tyre model results (light grey curve) for a pure-cornering test at a
vertical load of 6000 N carried out on dry asphalt by VTT with a PAN tyre while figure 15 is
for a pure-cornering test with a vertical load of 5000 N earried out on smooth ice by Nokian
Tyres with the same tyre.

In figures 16-19 the influence of the road surface on the scaling factor values is shown. As
for the braking tests, A, and Ag, are significantly affected by the road surface conditions.
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Figure 13. Pure-longitudinat-slip tests: influence of the test vehicle, Nokian Tyres (smooth ice; 25kmh™?).
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Pure Corneting Test - Dry Asphait
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Figure 14. PAN tyre: comparison between experimental data (‘averaged’ measurement) and fitted MF tyre model
for a pure-cornering test on dry asphalt with a vertical load of 6000 N.
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Figure 15. PAN tyre: compasison between experimental data (‘averaged” measurement) and fired MF tyre model
for a pure-comering test on smooth ice with a vertical load of S000N.
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Figure 17. Pure-lateral-slip tests: influence of the road surface, wet asphalt (VTL; 80kmh™1).
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Figure 19. Pure-lateral-skip tests: influence of the road surface, snow (Nokian; 25kmh™~1).
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WET ASPHALT - SPEED 40 KMW/H
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Figure 20. Pure-lateral-slip tests: influence of the test speed, 40km b~ (VTL; wet asphalt).
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Figure 21. Pure-lateral-skip tests: influence of the test speed, 80kmh~! (VTI; wet asphalt).

Moreover the shape scaling factor Acy is significantly affected by the road surface. Again
the dispersion of the scaling factor values is small, except for Amy, Avy and Agy. As stated
for the pure-braking tests, this is because the slip angle was varied only in the range (G-10°;
that is, the tyres’ behaviour was not investigated for negative skip angles (high dispersion in
the values of the shift scaling factors) and for large slip angles (high dispersion in the values
of the curvature scaling factors since the peak value of the lateral force may be outside the
measurement range¥).

The influence of the speed of the test vehicle is assessed in figures 20 and figure 21. As
for the braking tests, speed does not seem to have any influence on the scaling factor values
{except for the shape scale factor Acy).

Finally, the influence of the test vehicle is considered. As can be seen in figures 22 and 23,
the test vehicle only effects the values of the shape scale factor Acy and of the curvature scale
factor Agy.

*For low-friction surfaces, such as smooth ice or snow, the dispersion of the A g, scaling facter is smaller siuce the
peak value of the lateral force is reached on the considered slip angle ramge.
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Figure 22. Pure-lateral-slip tests: influence of the test vehicle, VTI (smooth ice; 30kmh™%)

SMOOTH ICE - NOKIAN
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Figure 23. Pure-iateral-slip tests: influence of the test vehicle, Nokian Tyres {smooth jce; 25 kmh~1).
33 Combined-slip tests

The scaling factors referring to combined slip [2] are Axq, Ay and Ay, . Since the identification

of the scaling factors is carried out starting from the scaled MF coefficients and since the
identification of pure-longitudinal and pure-cornering scaling factors gave good results, small
variations are expected for the combined scaling factors.

Figures 24 and 25 show the comparison between experimental data and fitted MF tyre model
for combined-slip tests carried out by VTI with a PAN tyre at a vertical load of 6000 N on dry
asphalt, and by Nokian with the same tyre at a vertical load of 5000 N on smooth ice.
Figures 26-29 show the influence of the road on the value of combined-slip scaling factors.
The influence of snow cannot be t
combined-slip tests.

aken into accownt since Nokian Tyres did not carry out
As already said, combined-slip scaling factors are only slightly influenced by the road
surface conditions. Moreove, dispersion is very smail.
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Figure 24. PAN tyre: comparison between experimental data (“averaged” measurement) and fitted MF tyre madel
for a combined-slip test on dry asphalt with a vertical load of 000N and aslip angle of 10°.
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Figure 25. PAN tyre: comparison between experimental daia (‘averaged” measurement) and fined MF tyre model
for a combined-slip test on dry asphalt with a vertical load of 5000 N and a slip angle of 5°.
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Figure 26. Combined-slip tests: influence of the road surface, dry asphalt (VTL; 80kmh™")
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Figure 27. Combined-slip tests: influence of the road surface, wet asphalt (VIL 80kmh™1), Figure 30, Combined-slip tests: inflaence of the test speed, 40kmh~!, on wet asphalt.
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Figure 28. Combined-slip tests: influence of the road surface, smooth ice (VTT; 30kmh™?). Figure 31 Combined-slip tests: influence of the test speed, 80kmbi™, on wet asphalt.

Looking at figures 30 and 31 it can be seen that, even for combined-slip conditions, the
speed of the test vehicle has almost no influence on the value of the scaling factors.

Because Nokian Tyres did not carry out a combined-slip test, the influence of the test vehicle
camnnot be investigated.

ROUGH ICE

4, Conclastons

An extensive full-scale experimental test campaign was carried within the VERTEC European
project (tasks Za and 2b) to investigate, among other items, the influence of some overall
important parameters, sech as the road surface, test vehicle and weather conditions, on tyrs
behaviour. If the influence is interpreted in terms of MF tyre model using the scaling factors,
the following conclusion can be drawn: :

(1) The dispersion of scaling factor values is very small in most cases except for the shift
scaling factors Az, Azy, Avi, and Avy and the curvature scating factor Ag, for pure lateral

Figure 29. Combined-slip tests: influence of the road surface, rough ice (VIT; 3¢kmh™1).
slip, owing to the lack of data at high slip angles.
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(2) The influence of the road surface is mostly seen in the peak friction scale factors
and Ay, as expected; also the stiffness scale factors Axx and Ax,y, are affected by surfs
roughness. :

(3) The vehicle type does not influence the scaling factor values in pure longitudin
conditions; in pure lateral conditions, instead, A, and Ag, are affected by the vehicle typ

(4) The vehicle speed does not seern to influence scaling factor values,

(5) The dispersion of scaling factors in combined conditions is very small.

To validate the MF tyre model with identified scaling factor values a comparison betwee
experimental data, collected on an instrumented passenger car, and MB simulations will e’
carried out in p-split and p-jump conditions. :
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"This article proposes a tyre evaluation system by using a dxiving simulator with a tyre testing machine.
The dynamic characieristics of the tyre are important in the vehicle dynamics, hence the combination
of tyTe testing mackine with driving simulator is examined to create virtual proviag ground proposed
by the authors. By applying measurement data from the tyre testing machine in real dme instead of
caleulations by the tyre model, it is possible to get accurate tyre characteristics on a driving simulator.

. The actual prototype system was made and the dynamic tyre charactesistics were evaluated. The
experimental results were compared with the Magic Formula model and it was fourd that the proposed
system has several features.

i. Introduction

The dynamic characteristics of a tyre are important in the vehicle dynamics. Tyre modeling is
generally difficult and there is still room for research. For simulation purposes, tyre models
like the Magic Formula are used in motion analysis of automobiles []. These are experimental
models that describe the tyre characteristics, and canmot describe the dynamic characteristics.
On the other hand, the detatled models which describe the dynamic characteristics or Fipite-
element method (FEM) models need many calculations, hence they are not snitabie for motion
analysis, which needs real time calculation like, driving simulator.

The authors’ propose a ‘virtual proving ground’ which means a virtual running test envi-
ronment with driving simulator [2]. In this article, by combining a tyre testing machine with a
driving simulator, the virtual proving ground including the tyre and the tyre evaluation system
by using driving simulator are proposed.

By applying measurement data from the tyre testing machine in real time instead of calcuia-
tions by the tyre model, it is possible to get accurate tyre characteristics on a driving simulator.
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The test results of this system are compared with the experimental results produced using the

Magic Formula model. Moreover, the double lane change test was condected and compared
for three types of tyres for vehicle dynamics on the driving simulfator.

2. System and modelling

The system configuration proposed in this article is shown in figure 1. In the proposed syste= .
the data of four tyres (the vertical force, the slip angle, and the slip ratio data of the tyre);
which are calculated from dynarnic caleulation of the driving simulater are input into the tyre

Driving Simulator

Tyre Testing Machine -

[y Y e Lt e LR

Fy : Lateral Force
Fx : Longitudinal Force}
Mz : Aligning Torque

B B : Slip Angle, s : Slip Ratio
Calculation PC  F7 : Vertical Force

Figure 1. System configuration.

Figure 2.

Driving simulator.
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Table 1. Specification of automobile model.

Parameter Value
Mass of body 1000kg

‘Wheel base 2700 mm

Load distribution ratio 55:45 (front:rear)
Tread 15m

. Drive system FF

testing machine. The lateral force, the longitudinal force, and the aligning torgue are measured
and measured data are used as input to calculate vehicle dynamics in real time. Presently, the
tyre-testing machine does not have a braking and driving function. Therefore, in this article,
the vertical force and the slip angle are input and the lateral force is used. In addition, only
one tyre can be treated on the tyre testing machine. Therefore, the average vertical force and
stip angle data of right and left front tyres are input and measured lateral force data are used as
equal values for right and left front tyres. The longitudinat force of four tyres and the lateral
farce of rear tyres are calculated using the Magic Formula model.

The driving simulator used in this article is shown in figure 2. The automotive model is a
small-sized passenger car with four wheels including rolling and pitching. The specifications
of this model are shown in table 1.

3. Tyre characteristic test and model evaluation

Before performing the ranning test using this system, steady state characteristic test and
dynamic characteristic test for three tyres used in this article were carried out. The tyre testing
machine used in this article is shown in figure 3 and the specifications are shown in table 2.
The specifications of the three tyres are shown in table 3. The basis tyre (tyre A), low profile
tyre (that has nearly the same diameter and bigger rim size than tyre A), and sport tyre (that
has same size as tyre A) are compared.

&:@:W.@ﬂﬁﬂm;w.vmumv s

&

\

7,
.

@

Figure 3. Tyre testing machine,
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